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ABSTRACT

This thesis is concerned with an experimental and theoretical investigation of domestic
heat pumps. The development of heat pumps in the 1970°s did not meet the original
expectations and this thesis examines the reasons why. The items considered included
cycling and unsteady conditions created whilst matching the heat pump’s output to

meet a space heating load. A detailed study was made of the hermetically sealed
refrigerant compressor, the heat exchangers, and the refrigerant pressure and temperature
control systems. In addition to the conventional heat pump a study was made of the

advantages gained from modular designed heat pumps.

The application of heat pumps to U.K. dwellings and climatic conditions was studied
together with the suitability of thermostatic control. Initial studies were made of the
operation of a demonstration unit. This shqwed how intermittent operation would reduce
a heat pump performance and was followed by the development of a computer

model which simulated the complete refrigerant circulation system. This all.owed a
study to be made of a heat pump performance at part load conditions. A computer
model of the complete refrigerant cycle was developed which aided in the design and
construction of a heat pump which used refrigerant R12. This was followed by the
construction of a second test rig using R134(a). The completed R134(a) test rig was
installed in an environmental chamber which could simulate outdoor weather conditions.
Results from the test rigs indicated that the performance was greatly affected by on/off

cycling an item that was further investigated.
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Introduction

CHAPTER 1 - INTRODUCTION

1.1 BACKGROUND INFORMATION

1.1.1 Energy resources in the United Kingdom

The research for this thesis has been conducted over a number of years, starting in 1982. Over this
period there have been dr#matic changes in usage of energy and perceived future use of energy.
The benefits from abundant supplies and the low cost of fuels were enjoyed in the United
Kingdom for a great number of years, but the energy crises of the 1970s brought this to an end.
The crisis concerning Middle Eastern oil supplies was followed shortly afterwards by a second in
the UK, when the extent of the untapped resources of North Sea Gas were questioned. Both of
these events caused fuel costs to rise, making economy in the use of energy a necessity. Since that
time there have been wide fluctuations in the cost of crude oil along with increasing concern
regarding future energy supplies.

Until the early 1970s, the United Kingdom relied heavily for energy supplies on solid fossil fuels.
In 1974, 11.74% of electricity generated by the major power producers was from Nuclear
Reactors [1]. By 1993 this had risen to almost 30%. In 1989 the power produced from gas was
negligible, and by 1993 this had risen to over 9%. Energy used for electrical power generation for
the years 1989 and 1993 was calculated from the Government Statistical Service publication
"Energy Trends, September 1994" [2].

The supply of known resources was therefore limited and for the most part exhaustible. Plans to
meet future energy demands needed to be made, not only because the supply of fossil fuels will
eventually be exhausted, but also because research has shown that waste gases from the

combustion of fossil fuels is causing serious damage to the Earth's environment [3].

! The consequences of limited energy supplies to meet global demands in the long term future are unknown.
Currently, this is the subject of scientific debate and publications as shown in references [4] to [7].
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1.1.2 Impact of Atmospheric Pollution on the Earth's Environment

In the 1980s, at a time in the UK when it was becoming accepted as an unpleasant necessity that
the price of fuel made it essential to economise in, the use of energy and problems of even greater
concern and of global magnitude were realised. Observations made by researchers produced a
clear indication that the Earth's stratosphere was being seriously damaged. This layer is vital to
human, animal and plant existence. The cause is believed to be the discharge of large volumes of
noxious gases into the atmosphere from combustion and other chemical processes after referred to

as greenhouse gases [8].

1.1.3 Predicted Long Term Effects of Atmospheric Pollution

Due to the world-wide magnitude of the problem of atmospheric pollution, the time scale and final
outcome is unknown, but it has been the subject of a wide range of predictions. It is now being
accepted by western governments, that if the discharge of pollutants into the atmospher¢ continues
at its present rate, there is a high likelihood that it will cause alarming changes to the world's
interglacial and seasonal weather patterns. Increased atmospheric pollution could upset the regular
seasonal change in the world's temperatures that are linked to the tilt and orientation of the Earth as
it orbits around the sun. A report of the processes and modelling of the possible changes to the
Earth's oceans and climate is provided by the Intergovernmental Panel on Climatic Change [9],
[10] and [11].

It is concluded that if the current trends do not change, and the release of the Atmospheric
Greenhouse Gases continues to increase at their present rate, there is a distinct possibility that
irrevocable damage could occur to the Earth's environment.

1.1.4 Atmospheric Pollution - The Role of the Heat Pump

Ideally, the Domestic Heat Pump that increases the temperature of a low grade heat source to
provide useful heat energy, does not cause atmospheric pollution. The accidental spillage of

refrigerant, however, chiefly due to malfunction and inadequate maintenance of the heat pump,

18]
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can have this effect. The use of heat pumps would abolish the CO, emissions that are associated
with the domestic combustion of fossil fuels. Fundamentally, all refrigerants irrespective of type,

are thoroughly safe so long as they are captive [12].
Electrical energy that is generated from fossil fuels and used to drive the heat pump is not

environmentally friendly, but alternative energy sources are being developed.

1.1.5 Protecting the Earth's Environment

The following is an extract from the publication Guidelines on Environmental Issues [13], by The
Engineering Council, September 1994, under the heading of "International code of environmental
ethics for engineers":
"Through the ages, the engineering profession has made a major contribution to the
health and well being of mankind by developing the potential of an Earth rich in
natural resources. However, there is a new, pressing challenge, created by the
adverse effects of depletion of planetary resources, environmental pollution, rapid
population growth and damage to the fragile ecosystems through which life on Earth
can survive.”
Publication of these guidelines gave detailed statements to members of the Engineering Council
that for the future, they must foster an environmental awareness and strive to accomplish the
objectives of their work with the lowest possible consumption of natural resources and energy.
Within this context it is necessary to consider the proposed use of heat pumps for domestic space
heating.

1.1.6 Electrical Power Generation

Due to the useful lifespan of certain nuclear power stations in the UK coming to an end. it is
necessary for decisions to made concerning their replacement. Both the Institution of Mechanical

Engineers and the Institution of Electrical Engineers have made representations to the British

W)
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Government asking that new nuclear power stations be built [14]. Nuclear power provides a means
of generating electrical energy without discharging environmentally harmful carbon monoxide and
carbon dioxide into the atmosphere. This is, however, replaced by the problem of nuclear waste.

In its efforts not to increase atmospheric pollution, the UK government has announced its
objective of retaining the 1990 level of carbon dioxide emissions up to the year 2000. Part of the
strategy, made in 1995, to achieving this goal was to raise the target capacity from 4000 MW to

5000 MW of electricity generating capacity to be from combined heat and power generating plants

[15].

1.2 APPLICATION OF DOMESTIC HEAT PUMPS IN THE UK

1.2.1 Principle of operation

Heat naturally flows unaided from a hot body to a cooler one. The heat pump makes it possible for
energy at a low grade (low temperature) to be transferred to a body at a higher one. Basic concepts
of the heat pump are not new, having been outlined by Lord Kelvin back in 1852 [16]. It was
mainly due to lack of available technology that little development took place for nearly a century .
There are a number of possible sources of low grade heat supply that may be used for domestic
heat pumps. Energy can be obtained from any of the following: soil, lake, river or well water,
wind turbines and solar power. An advantage of this when used in conjunction with a plenum heat
source is that heat can be recovered from air extracts.

The heat source used for this study is atmospheric air, because it is the most universally available
supply of low grade heat. A disadvantage encountered with this heat source is in the availability of
thermal energy output, which decreases as the outdoor temperature falls, and is the inverse of the
heat demand for space heating. Techniques are examined by which energy can be extracted from

atmospheric air and transferred to the hot water circulation system to provide domestic space

heating.
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The second law of thermodynamics states that it is impossible for heat to flow from a cold
substance to a hotter one without the aid of external work [17]. For the purpose of this study,

external work is supplied to the heat pump by electrical power.

1.2.2 Potential for development

Heat pumps are being used successfully to recover low grade enefgy in industrial processes.
Energy is also being saved by their use in space heating and air conditioning in both commercial
and industrial buildings [18]. A number of domestic space heating systems were installed between
the late 1970s and the mid 1980s, but they proved unsuccessful for a variety of reasons [19]. The
principle reason for their loss of popularity was that the installation and maintenance costs could

not be justified at that time by the cost savings of fuel.

1.3 HEAT PUMP THEORY

The heat pump being studied operated on the vapour compression cycle. The ideal standard of
performance for this is the reversed Carnot cycle. There are many references to the basic theory
and application of the vapour compression cycle, some of which were studied in the course of this
research [20].

For the utilisation of low grade heat by vapour compression and expansion, there are a number of
thermodynamic cycles that are applicable. The cycle used mainly for this research was devised by
Sadi Camot [21]. This cycle consists of four reversible processes, two isothermal and two
adiabatic. It has the highest possible efficiency of any cycle, but in normal practice this ideal
standard is not obtained. The Carnot Cycle was originally developed for heat engines, but for a
heat pump, the reversed cycle is used, see Figures 1 and 2.

In addition to the Camot Cycle, reference is made to the vapour compression cycle, which

provides results of lower efficiency. but closer to normal practice.
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1.3.1 The Heat Pump Thermodynamic Cycle

The reversed Camot Cycle takes energy from a low grade heat source and with an input of
mechanical energy, supplies heat to the heat sink. The direction of heat flow in the heat pump is
shown in Figure 2.

'Ihe heat engine cycle is shown on the temperature-entropy diagram. It is a closed cycle, but is
normally considered to start at point 'a' as shown in Figure 3. It comprises of an increase of
entropy followed by an adiabatic reduction of temperature, then a reduction of entropy followed
by an increase of temperature to complete the cycle.

The ideal Reversed Carnot Cycle of the heat pump is normally considered to start at point ‘1’ with
processes similar to the heat engine, but in the reverse direction of rotation, as shown in Figure 4.
The variation of output capacity from continuous operation of a heat pump plotted against
changing atmospheric temperatures is shown in Figure 5. Also shown is the variation of space
heating load for the same temperature range. The design point, alternatively referred to as the
balance point, is shown to be the atmospheric temperature when the heat pump output and the
space heating load are equal. Off-design point conditions are any other atmospheric temperatures

within the operating range of the heat pump.
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1.3.2 Performance of Refrigeration Plant

Thermal performance of a heat pump is higher than that for an equivalent refrigerator operating
with the same heat source and sink temperature. In the heat pump cycle, the input energy from the
compression process is available as useful heat for domestic space heating. The operation of a
refrigerator calls for heat generated in the vapour compression to be dissipated from the
condenser, this not serving any useful purpose.

As a result of this, the ratio of thermal energy input to thermal energy output of a heat pump,
known as the Coefficient of Performance (or COP), is always greater than one and performance of
the heat pump is represented by the following equation: COPy; = COP¢ + 1

where COPy = Heat Pump Coefficient of Performance

COP,. = Refrigerator Coefficient of Performance



Introduction

1.3.3 Heat Pump Coefficient of Performance

The ideal COP that gives the highest expectation of thermal performance is based on the reversed

Carnot cycle.

Carmmot COP:  Energy Input (Tr - Te) x (S1 - Sy)

Energy output = T (S2-55)
but (S;-Sy) = (Sz - S;3), from Figure 4

(S, -S T,

Camot COP = 7 _”TE)ZX (S:)_ 5T _’T
where: Ty = Condensing Temperature (abs.)

T, = Evaporating Temperature (abs.)
S1-S4 = Entropy input to the cycle
Sy -S3 = Entropy output from the cycle

1.3.4 Vapour Compression COP

The second method of calculation is the vapour compression cycle which is a step nearer to a
practical heat pump and, therefore, produces a lower value of COP. This method takes into '

consideration the sensible and latent enthalpies of the refrigerants as shown in Figure 6:
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Vapour Compression: =

where the enthalpy values are:

h, = Vapour entering the compressor
hy, = - Vapour leaving the compressor
hyiq = Liquid leaving the condenser

Comparison was made between the heat pump ideal performance of the reversed Carnot cycle and
the vapour compression cycle, see Figure 7. Calculations for the vapour compression cycle are

made using Refrigerant 12.

11
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1.4 SCOPE OF THE PROJECT

A study was made of heat pump operation and the thermodynamic performance of the basic units
within the cycle that produce the compression, the expansion, the condensation and the
evaporation of the refrigerant. The initial objective of the study was to investigate steady state
design conditions, but it was later found that a study of both steady and unsteady conditions was
needed. This was necessary due to the magnitude of the heat pump on/off cycling losses caused by
the capacity control whilst matching heat pump output to the space heating load.

Research into the application of domestic heat pumps was directed principally towards the
optimisation of thermal output and thermal efficiency. This included the matching of thermal
output to the space heating load. Seasonal temperature and humidity levels pertinent to the UK
climate were also considered in conjunction with the possible benefits of a number of modular
heat pump units operating in parallel. Individual units would be switched on and off to represent
the varying seasonal space loads.

A theoretical study was made of the volumetric and isentropic efficiencies and how these were
affected by varying degrees of superheat at the compressor suction. Research was made into the
performance of the condenser and evaporator.

Application of the heat pump introduces the possibility of air conditioning and cooling in the
summer months but it is a possible development for the future not included in this study. A report
of field trials, [19], stated that the supply of domestic hot water may be best obtained, other than
by using the heat pump designed for domestic space heating. It claims that large cost savings can
be made by installation of an immersion heater to operate with night rate, low cost electricity.
Study of the supply of domestic hot water from a heat pump designed for domestic space heating

was not included.
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This project has been undertaken over a long period of time, which is shown by changes in
technology that have occurred. The computing power, available at the outset, has increased
considerably from the calculators, magnetic tape and the BBC computer, to the more recently used
VIG SX-20 HD40VC computer with 2MB of RAM. Similarly, at the start of the project, the

refrigerant used was R12, which has now been superseded by R134(a).

14



Operation of the heat pump demonstration unit

CHAPTER 2 - OPERATION OF A HEAT PUMP DEMONSTRATION UNIT

2.1 BACKGROUND INFORMATION

2.1.1 Demonstration heat pump and mathematical model

In order to gain experience of the operation of heat pumps, a series of tests were carried out at
Brighton Polytechnic, using the P. A. Hilton Demonstration Heat Pump, Figure 8. The refrigerant-
used was R12, because at that time the extent of the forthcoming changes of refrigerant discussed
in chapter one were not known. Comprehensive reports of field trials that were made available by
an industrial body, and studied in conjunction with the above research [22]. These studies
provided a clear demonstration of the characteristics, principles and laws. governing heat pump
operation and the practical application of these. They also highlighted the need to investigate the
problems of cycling with heat pump systems.

In conjunction with the above, Chapter 3 details the mathematical model of the complete

nnite Af tha hant nivmn and tha
“ALALD A Lilw A

cise to show the four main reat pump and the

L0 IS 9% acenan

refrigeration cycle
thermal interaction between them on an annual basis. The mathematical model was computerised
in four sections to run in series on a BBC computer as there was insufficient random access

memory to programme the computer in only one section.

2.1.2 Reports on Field Trials

Detailed reports [22] were made available by private arrangements. These related to trials on 36
domestic dwellings of varying size, age and design. All heat pumps operated on the vapour
compression cycle, but installations varied in design, using heat pumps supplied by a number of
manufacturers. When used in conjunction with the laboratory testing, these reports were a valuable

aid and were instrumental in providing a foundation for the development of this research project.
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Operation of the heat pump demonstration unit

2.1.3 Description of Laboratory Test Equipment

The Hilton Air and Water Heat Pump was not a commercially available unit, but was designed for
laboratory demonstration purposes. The heat output capacity could be varied between 1.25kW and
2kW by adjusting water flow rates, using needle valves. It was fully instrumented to measure
power consumption, water and refrigerant mass flow, as well as pressures and temperatures within
the refrigerant cycle. There was a change-over system allowing the heat source to be either room
air or towns water. This latter was used to provide the heat sink. Figure 8 is a schematic diagram

of the heat pump and instrumentation.

2.2 STEADY STATE HEAT PUMP TRIALS

Observations made of heat pump performance during one of the trial runs is shown in Table 1.
The derived results from the calculations are given in table 2. In this test run, energy was extracted

from room air by the evaporator and transferred to the water flow through the condenser.

Calculations of isentropic efficiency were based on enthalpy change within the i'eﬁ'igerant cycle.
During the trial, observations were made of changing heat pump performance caused By gradually
reducing the water mass flow through the condenser. The trial was started with a flow rate of
18.8¢g/s and reduced as the trial proceeded. When the flow rate was reduced below 10g/s the trial
was stopped, because of refrigerant pressure fluctuations

The test demonstrated the importance of condenser performance on heat pump thermal efficiency
and thermal output. Reduction of water mass flow caused the refrigerant pressure difference to rise
and therefore energy input to the compressor to increase. COP and thermal output were notably
reduced due to the reduction of water flow through the condenser and the subsequent reduction in

the water temperature.

17



Operation of the heat pump demonstration unit

LABORATORY HEAT PUMP TRIALS

BRIGHTON POLYTECHNIC

AIR WATER OPERATIONS

QUASI-STEADY STATE CONDITIONS

TABLE 1 OBSERVATIONS

Time - Minutes from Start-Up: 15130 | 45|60 | 75| 9 105|120 135

Refrigerant
RI12

Compressor Suction Pressure pi |barg | 22122 123}124124125]126]261}25

Condenser Pressure p: {barg| 10 j10.2}104|105] 12 | 14 | 16 { 20 | 14

Compressor Suction Temperature | t, | °C [ 10| 8 {9598 9565 11 | 12| I

Compressor Delivery Temperature | t; | °C | 89 | 90 |91.5] 94 | 96 | 105{ 107 | 113 | 107

Condenser Outlet Temperature ts | °C | 30 |30.8}33.5] 35 [38.5] 43 [49.5]|57.5]44.8

Evaporator Inlet Temperature ty | °C 5145} 5 54541557 176 7

Air Inlet Temperature t, | °c [126]12.8]12.8]12.8] 13 [13.8]14.8][156]14.8
Source Outlet temperature to| °c | 11 | 11 |12]n2{n2fnsf{i32]28f124
Water Flow me| g/s |188]181) 16 | 14 | 12| 10 8 6 10

C‘;;‘]‘i‘i:f“ Inlet Temperature ts | °c |13.8] 14 [142]147] 15 [154]155]16.4] 162
Outlet Temperature t, | °C [33.5] 33 [35.8]39.2]425] 48 [55.2] 65 [495

TABLE 2 DERIVED RESULTS

Time - Minutes from Start-Up: | 15 | 30 | 45 | 60 | 75 | 90 | 105 | 120 | 135

Pressure Ratio pa/p1|4.55(4.6414.52(438| 5 | 5.6 |6.15{7.69] 5.6

Volumetric Efficiency % | 84 | 83 [ 84 [ 85 | 8 | 79| 77| 70| 79

Isentropic Efficiency % | 54 | 55|52 |54 )60 72173 | 74|47

Input W | 443 | 441 | 457 | 470 | 489 | 516 | 554 | 608 | 524
Output kW | 1.55|1.44|145]1.44|1.3811.37]1.33}|1.2211.40
Heating COPy - [3.49(3.26|3.17|3.06(2.82(2.65|2.40|2.00{2.67
Carnot COP - |61 6 |61)j62157]|54]| 5 5154
Carnot Efficiency % | 57 | 54 ) 52 | 49 | 49 | 49 | 48 | 40 | 49

18



Operation of the heat pump demonstration unit

2.2.1 Determination of Volumetric Efficiency of the Compressor

Theoretical volumetric efficiency is defined as the ratio of the actual volume induced per cycle by
the compressor to swept volume. The operator's manual for the demonstration heat pump for

these tests [23], provides an equation for calculation of the compressor volumetric efficiency:

1
Vol Effy = SuctionVolume _ - (_I_/c_) (&) " 1
CompressorSweptVolume V.JI\p

where:

Vol Effy = volumetric efficiency

V. = clearance volume

\A = swept volume

P2 = compressor delivery pressure
Pi = compressor suction pressure
n = index of expansion

For smalil compressors V/V, may be taken to be 0.05 and 'n’ may be taken to be 1.05 [23].

2.2.2 Determination of Isentropic Efficiency

Evaluation of isentropic efficiency is obtained from the ratio of isentropic input to indicated
thermal input. Physical and thermodynamic properties used in the calculations were obtained from

the Handbook of Thermodynamic Tables and Charts [24].

IsenEffy = M

hy, —h
where: Isen Effy= Isentropic efficiency
hy = Enthalpy compressor suction
has = Enthalpy isentropic delivery
h; = Enthalpy indicated delivery
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Adjustments to condenser coolant mass flow rates caused the compressor to produce a wide
variation of values of isentropic efficiency between 50% and 95%. The reduction of isentropic

efficiency after start up was due to the input to the refrigerant from the motor windings.

2.2.3 Determination of Power Consumed. Thermal Output and the Coefficient of Performance

Data on electrical power consumption was obtained from readings of an integrated electrical
energy meter used in conjunction with a timer. The thermal output was calculated from
multiplication of water mass flow rate, the specific heat and the temperature rise through the
condenser. Coefficient of performance was obtained in a similar way to calculation of thermal
efficiency, i.e. by dividing thermal output by power consumed.

Performance curves shown in Figure 9, obtained from laboratory tests, indicate how COP and

thermal output increase when the condenser outlet temperature is reduced.

. . The continuous line indicates
3.5 70°C— performance whilst operating
3 with an air heat source
=
g 3] S gooc— evaporator.
g g o
E g The broken line indicates a
£ B o water heat source.
525 & 50°C
& e
E g
§ 2+ §40°cH -
g £ ~
1= 5 ~
k) = ~.
G154 5 30°C]
=
N «
! I T I | I R
1.2 1.25 1.3 1.35 14 1.45 1.5 1.55

Output kW

Laboratorv Tests on the Hilton Heat Pump.




Operation of the heat pump demonstration unit

2.2.4 Thermal Performance of the Heat Exchangers

The amount of heat transferred in the various stages and changes of state of the refrigerant were

studied for both the evaporator and the condenser.

2.2.5 Heat Transfer - Evaporator - Refrigerant Side

Heat transfer to the wet refrigerant vapour entering the evaporator is first by evaporation followed
by superheating. The refrigerant then passes to the compressor. The amount of superheat is

controlled by setting the control valve that regulates the refrigerant entering the evaporator.

2.2.6 _Atmospheric Air - Heat Pump Heat Source

The air side of an evaporator normally has a finned extended heating surface. Heat is transferred
from the air by forced convection and, therefore, higher air velocities increase the turbulence and

the heat transfer rate. Condensation of the humidity contained in the atmospheric air increases the

heai transfer without f the mean tempcraturc difference, which is an advantage. Ice is
formed on the heat exchange surface when the temperature falls below freezing temperature. This
reduces the rate of heat transfer, negating the advantage gained. To reduce the possibility of ice

bridging the gap between the fins, they should be spaced at least Smm apart.

2.2.7 Heat Transfer - Condenser - Refrigerant Side

There are two main processes of heat transfer from the refrigerant to the hot water circulation
space heating system. The first stage of heat transfer utilises the superheat, whilst the second is the
refrigerant condensation. Additionally, heat may be obtained by sub-cooling the liquid refrigerant.
The amount of heat obtained from liquid sub-cooling is strictly limited, because the main
temperature difference between the refrigerant and the water circulation system is quickly reduced,

due to temperature drop of the liquid refrigerant.

21



Operation of the heat pump demonstration unit

Observation and further study of this part of the laboratory testing enabled a deeper understanding
to be gained of heat and mass transfer, particularly in the change of state and also into the

fundamental operation of the vapour compression cycle.

2.3 DISCUSSION OF STEADY STATE LABORATORY TESTING

It was found that the thermal interaction between the four basic units of the heat pump (these being
the compressor, the condenser, the expansion control and the evaporator), needed to be studied
further. For example, a compressor of low isentropic efficiency makes it necessary to have a larger
condenser to recover the additional superheat at the compressor outlet.

A domestic heat pump installation is designed, at steady state, to meet specified indoor and
outdoor conditions. These, however, occur for only relatively short periods during the year. A true
indication of the efficiency of a domestic heat pump can only be obtained from values of Seasonal
COP. In practice, Seasonal COP is obtained by taking records for a whole calendar year and then
dividing annuai energy ouiput of the heat pump by the annual encrgy consu
Seasonal COP, both the steady state and unsteady state performances at off-design conditions of
the heat pump need to be included in research.

These calculation techniques made allowance for the flexibility that was necessary at this stage of
the research. The introduction of off-design point calculations, at a later stage, showed that this
procedure was inadequate for future research on this project.

It was whilst carrying out these laboratory tests and giving consideration to off-design point
operating conditions that the advantages were realised of a mathematical model, first to analyse
the interaction between the four basic processes involved in the Vapour Compression Cycle and
secondly to analyse off-design point conditions. Research into the published literature on the
subject of mathematical modelling of heat pump perfofmance was undertaken. Following on from

this study, the steady state mathematical model of the heat pump was developed and is detailed in

Chapter 3.
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2.4 UNSTEADY STATE HEAT PUMP TRIALS

2.4.1 The Cause of Unsteady State Heat Pump Operation

Whilst operating at part space heating load conditions, both the on/off time and the capacity
control system can be the cause of unsteady state operating conditions. Time control systems cause
unsteady state conditions whilst preheating a dwelling ready for occupation. During the preheat
phase, there is a continuous temperature change between the heat distribution system and the
contents of the heated space. The heat transfer rate of the radiators is, at first at a maximum, but
reducing as the room temperature increases.

Energy is saved by preheating the heated space in the shortest possible time. During preheat,
therefore, the full capacity from the heat pump is required. When atmospheric temperature is
higher than the design temperature of the heat pump there is an increase in the capacity of the heat
pump. Unless the heat emitters within the heated space are of sufficient capacity for the emission

of the increased capacity of the heat pump, the full output capacity cannot be used. Under these

(i) the heat pump operates intermittently and at an unsteady state and,

(ii) the space heating preheat time is extended unnecessarily.

The capacity control system matches thermal output of the heat pump to the space heating load.
Design of the space heating system and time control are discussed in Chapter 4. On/off capacity
control of domestic heat pumps is the system most frequently used in practice and is the control
system studied in connection with this project. When atmospheric temperature is above the design
point, the space heating load is reduced, but the continuous output of the heat pump increases. To
reduce output, the heat pump is operated intermittently under the control of a thermostat.

If the thermal output of the heat distribution system is equal in capacity to that of the heat pump at
design conditions, then at part load conditions when the COP is higher, the full heat pump capacity
cannot be emitted from the heat distribution system. The heat pump will, therefore, operate

intermittently, due to the heat pump water temperature control. In these conditions heat up time

[N
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could be reduced and running costs reduced by increasing the heating surface of the heat

distribution system.

2.4.2 Condenser Water Temperatures - Intermittent Operation

It was not possible in the Brighton Polytechnic Laboratory -to arrange for the demonstration heat
pump to control room temperature, therefore the effects on the heat pump were simulated
manually. To observe the effects of cyclic operation in the laboratory testing, a thermograph was
connected in order to record water outlet temperatures from the condenser. The heat pump was
intermittently operated by switching on and off manually, varying the length of idle and
operational periods.

From the tests, it was observed that the time taken to restore the condenser working temperature
after switching on was approximately two minutes. It was also observed that 60% of the working

temperature difference was lost in the first 30 seconds after switching off. Within two minutes of

A typical section taken from the thermograph charts indicating the temperature change through one
complete cycle is shown in Figure 10. This thermograph shows that from the moment the heat
pump was switched off, the water temperature was reduced. Within a few seconds of the water
temperature falling, the useful heat flow to the heated space is quickly reduced to zero. The heat
pump was unable to sustain the operating temperature after shut off. On start up, therefore, the
heat pump used electrical energy for a comparatively long period of time before operating

conditions were fully restored.
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These laboratory tests gave an indication that thermal losses could be caused by heat pump
cycling. The next stage of investigation is the study of temperature and pressure changes caused by

on/off cycling.

2.4.3 Varation of Condenser Pressures - Intermittent Operation

Investigation into the transitory conditions whilst on/off cycling was made by manually reading
the refrigerant pressures of the condenser and evaporator in the periods just after shut off and start
up. Sensitive equipment capable of recording change of condenser pressures as they occurred was
not available. Bourdon pressure gauges were used to take visual readings at 15 second intervals.

Figure 11 shows the observations made in eight tests of condenser and evaporator pressures
immediately after switching off the heat pump. In the first 45 seconds, the pressure difference is
reduced to between 30% and 40% of the working pressure. The reduction of condenser pressure

occurred simultaneously to a rise in evaporator pressure. The pressure difference after one minute
A similar series of nine pressure variation tests following starting up, provided results reproduced
in graphical form in Figure 12. These showed that it took between 45 and 60 seconds to build up

the condenser working pressures from starting up the heat pump.

2.4.4 Power Consumed During the Starting Up Period

Tests were made of the power used by the compressor during the starting up period. These did not
reveal any differing rate of consumption to that of the normal operation. With this information,
estimates of percentage energy loss during the starting up period were taken to be directly related

to the heat pump operating time.
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FIGURE 11 Condenser and Evaporator Pressure Variations During
the First Two Minutes After Compressor Shut-Off
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Condenser and Evaporator Pressure Variations Durin
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2.4.5 Condenser Water Temperatures During Tests

The above tests were made using town's water entering the condenser at approximately 15°C. The
outlet water was put to drain. In practice the water flows in a closed circuit where the inlet
temperature to the condenser would be in the order of 40°C to 45°C. The temperature rise and fall

throughout the system is about 5°C.

2.5 DISCUSSION OF UNSTEADY STATE LABORATORY TESTING

A study of the transitory states when starting up and shutting off of the heat pump were made. Due
to the relatively short time taken for the heat pump working temperature and pressure differences
to decay after shutting off, the laboratory tests showed that a significant amount of energy was
required to reinstate working conditions, even after short periods.

It was observed that immediately after shutting off, refrigerant pressure in the evaporator increased
at the same time as the condenser pressure was reduced. It is concluded that after shutting off, the
temperature drop at the heat pump was due to useful heat being transmitted to the building,
Lowering of the condenser/evaporator pressure differences could be due to either one or both of
the following:

(i) the physical leakage of refrigerant to the evaporator, back through the compressor or through
the expansion valve or,

(ii) a continuation of the heat transfer process, condensing the refrigerant static vapour in the
condenser after shutting off and liquid evaporation in the evaporator.

Calculations on the results from laboratory testing based on the proportion of starting up time
against normal operating time, indicated that the power used in the starting up period was 20% of
the total power consumed, for the cycling shown in Figure 10.

Site conditions where the condenser operates in a closed water circulation system were not fully
represented during these laboratory tests at Brighton Polytechnic. When the on/off cycling of the

heat pump was being simulated, the effect of the thermal storage in the water distribution system

29



Operation of the heat pump demonstration unit

could not be accommodated on the demonstration heat pump being used. To truly represent these
conditions, a programme of heat pump field trials would be required.

In practice, immediately after the heat pump shut off, the heat contained in the distribution system
begins being emitted to the building with a consequential lowering of temperature. After start up
however, an amount of heat must be produced by the heat pump and transferred to the heat |
distribution system before stable operating conditions are again obtained. The heat emission after
shut off and heat generated to raise the heat distribution to its normal operating temperature have
been assumed to be the same. The energy loss by the intermittent operation Qf the heat pump is
considered to be that required to reinstate the refrigerant working pressure differential following

the pressure loss whilst the heat pump was inoperative.

2.5.1 Literarv Searches of Unsteady State Heat Pump Trials

Reports on the field trials referred to in paragraph 2.1 indicated that there was a considerable
variation of cycling rates between domestic heat p
taken were from 0.2 to 6 starts an hour. The cycling frequency tended to peak when atmospheric
temperature was between 6°C and 8°C.

Results from field trials and laboratory testing of domestic heat pumps at the BP Research Centre,
Middlesex [25], provide heat pump performance data at varying ambient air temperatures. Values
of COP are given for both continuous and cyclic operation. With ambient temperatures of 15°C,
the heat pump operates at part load conditions. The COP is reported to be 1.31, rising to 3.13 with
the heat pump at full load. With low ambient air temperatures, the heat pump operates
continuously and the COP falls from 2.06 to 1.50 with the reduction of temperature from 4°C to
-6°C.

Reports of the field trials made available by private communications [19] and the laboratory
testing by as referred to above [25], both confirm the findings of this laboratory research in that

heat pump operation whilst on/off cycling, was found to be 80% of that achieved under
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continuous operation. Following on from these studies of heat pump cyclic operation, research
into how heat pump performance is affected by capacity and time controls are detailed in chapter

4.

2.6 HEAT PUMP FIELD TRIAL REPORTS

It is reported [19] that frosting of the evaporator did not produce a problem with atmospheric
temperatures above 3°C, but below this temperature, frosting could seriously reduce the thermal
output capacity of the heat pump. At -1°C the reduction in heating capacity was 19% with reverse
cycle defrost and 25% with a hot gas defrosting system.

Two methods were employed to initiate defrosting. The fixed timer system of control proved to be
the more efficient and reliable when compared to demand based systems. In the UK, the number
of unnecessary defrost cycles by the fixed timer were found to be insignificant. The reports
conclude that thermal losses caused by defrosting requirements have an insignificant effect on
Seasonal COP. For systems where the design output temperature is below 3K, allowance needs to

be made for loss of heat pump output due to ice formation in the evaporator.
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CHAPTER 3 - STEADY STATE MODELLING SIMULATION

3.1 INTRODUCTION

Performance of each of the major units in the heat pump were studied independently and also,
in association with the heat pump laboratory experimentation. At this stage, the co-ordination
of the performance of the compressor, condenser, refrigerant flow control valve and the
evaporator needed to be produced. The long term objective being to study the procedures by
which the seasonal thermostatic efficiency could be quickly calculated at the design stage. This
would enable a heat pump design to be produced with a known thermal efficiency over the
whole range of operating conditions and the seasonal COP before the start of manufacture.
This would also be the maximum practically obtainable.

Study of the results obtained from trials using the Hilton heat pump demonstration unit,
indicated that a greater understanding was needed of steady state operating conditions.
Malfunction or mismatching of design of any one of the individual units forming the heat
pump cycle could adversely effect its performance. A steady state model was required,
therefore, to study the effect of the operating efficiency of individual units within the cycle.
This chapter discusses the development and application of the steady state mathematical

model.

3.2 PUBLISHED RESEARCH OF HEAT PUMP MODELLING

Research by James, Marshall and Saluja [26] produced a model based on an empirical analysis
of experimental work to predict the behaviour of the heat pump in a variety of conditions. A
simulation programme, produced by Domanski and McLinden [27], allows the preliminary
evaluation of the performance and of the mixtures of refrigerant. Consideration was given to
the statement by Ahrens [28], that the choice of the level of detail in modelling/simulation

depends on the required accuracy.

W
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Research into previous work on the subject of heat pump mathematical models was
instructive. The mathematical model may be created by analysis of laboratory trials or,
alternatively, built up from fundamental heat and mass transfer equations. It was found that a
model based principally upon laboratory testing and empirical equations had the advantage of
being the simpler approach, due to the reduction of the number and complexity of the

equations.

3.3 PLANNING OF THE STEADY STATE MODEL

It was decided that to use empirical equations based on test results, could only supply
satisfactory results over a specified small range of performance. To provide a model to meet
the requirements for the flexibility of the research now being undertaken, it was decided that
fundamental design equations, as applied to heat engine theory only, would be used. A survey
of published literature did not reveal the details of a mathematical model that would satisfy the
needs of this project. A decision was made, therefore, to produce a heat pump mathematical
model based on the vapour compression cycle, using fundamental heat and mass transfer
equations, such as those produced by Butterworth [29] and Hewitt and Taylor [30].

Whilst this research was being undertaken it became clear that refrigerant R12, on which the
mathematical model was based, was soon to be abandoned. It was to be replaced b}./ a more
environmentally friendly refrigerant, but, at that stage of the research, the details of the
replacement refrigerant were not known. The above approach in designing the mathematical
model, was, therefore, kept as flexible as possible. Design procedures used in the
mathematical model may be used for the calculation of performance with replacement
refrigerants. The only change that is required to the model is to alter the thermodynamic
properties pertinent to the replacement refrigerants.

Input data to the model includes compressor volumetric and isentropic efficiencies. To
produce a steady state mathematical model of heat pump performance, the procedures of

modelling and simulation were carried out as described below.
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3.3.1 Performance Specification

This is a statement of operational requirements to be met by the heat pump. The operational
feasibility of this specification was tested by preliminary design and calculation. The

performance specification was to become the initial input data of the mathematical model.

3.3.2 Heat Pump Design Specification

The performance specification was used as a basis for the design of individual components
that operate in a closed cycle and, together, form the heat pump. The heat pump design
specification contains details of the operating cycle and the performance and capacities of the
compressor, heat exchangers and the refrigerant control valve. Also included are energy inputs
and outputs as well as the efficiency of operation. All of these data, in the form of a steady
state mathematical model, produces these specifications. The Flow Diagram, Figure 13, shows
the processes of calculation involved in producing this steady state mathematical model.

It is common practice for domestic installations to use a hermetically sealed compressor to
prevent the leakage of refrigerant, with the benefits of lower noise levels and the high thermal
efficiency. Details of the operation of hermetically sealed compressors will be discussed in

later chapters.

3.3.3 Development of the Steady State Model

The first concept of the mathematical model was to produce, from a performance
specification, the operational requirements for each of the individual units of the heat pump, in
addition to predicting the actual thermal input, thermal output and operating efficiencies.
Using the same fundamental equations, the performance specification (input data) of the
model could be changed from the original program. This made it possible to further assess
heat pump performance and simulate changes in this of individual units of the heat pump.
Assessment of the effects of a change in design of any of the heat pump components can be

obtained by using the same fundamental equations now used in the computer program.
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3.4 STEADY STATE SIMULATION - DESIGN POINT CONDITION

The flow diagram in Figure 13 outlines the procedure followed in the construction of the
mathematical model, starting with a study of the input data. In a practical situation, the items
listed on the flow chart as input data would need to be studied prior to the start of detailed
calculations. These are: space heating system, atmospheric conditions, heat pump design and
heat pump control. It can also be seen in the flow chart, Figure 13, that at two stages, whilst
the basic design of the heat pump is being formulated, the data and preparatory results from
calculations should be reviewed to confirm that the design produces a practical solution and is
the best one suited to meet the requirements of the initial specification. For example, it may be
found that heat exchanger tube diameters and lengths may not be practical, or that the thermal
performance may be enhanced by modification, in which case the design could be modified.
Calculations start at the compressor suction and follow the path of the refrigerant circulation.
Being a closed cycle, the thermodynamic conditions of the refrigerant when the cycle is
completed, must be identical to the input data adoptéd at the start of the calculations. For the
purpose of the calculations, at each stage in the cycle the thermodynamic conditions being
discharged from the unit immediately proceeding the one being measured, is taken to be the
input conditions. With the exception of the compressor, no allowance is made for heat loss or
gain to the surroundings.

The following is a brief description of the procedures adopted whilst developing the
mathematical model shown at Appendix A3.1. The model is divided into five numbered
sections, the first four sections referring to the principal units within the heat pump cycle, the

fifth summarising items of heat pump performance.
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Space heating system Atmospheric conditions Heat pump design Heat pump control
Flow/return temperature. External temperature. Type of refrigerant. Type of expansion valve.
Heating load. Relative humidity. Degree of compressor Method of flow
Space heating media. superheat. =
Type and design of space. Compressor isentropic and
Temperature control system. volumetric efficiencies.

Heat exchangers.

Arrangement of heating

surfaces and direction of

flow.

| /

Superheater zone of evaporation.
Using refrigerant thermodynamic property tables, assume compressor suction <
pressure to provide working temperature difference. Air/refrigerant.
Complete S/H section of data sheet number 1.

Condensing zone of condenser.
Assume condenser pressure to provide working temperature difference. water/refrigerant.

Complete condensing zone data sheet number 2.

y 1

Enter details onto enthalpy/pressure diagram
Complete data sheet number 3, refrigerant cycle. Check details already added to
sheet numbers 1 and 2, then complete with data previously unknown.

!

Calculate refrigerant in circulation.
Calculate mechanical work input to compressor.
Calculate piston displacement volume.

y

Evaluation of
the design so far.
Does the data obtained provide a closed
working cycle and fulfil the requirements
of the input
data?

No

Calculate the heating surface area.

To meet the thermal load of each zone of both heat exchangers.
Condenser: de-superheat, condensing, super cooling.
Evaporator: evaporating, superheating.

Evaluation
Are the total
areas of condenser and evaporator
in keeping with those expected in a domestic
heat pump?

OUTPUT DATA

Compressor: suction pressure. delivery pressure. refrigerant in circulation. type of refrigerant and swept
volume.

Condenser: heating surface. de-superheating arca. condensing area. supercooling area and total area.
Evaporator: heating surface. evaporating area. superheating area and total area.

Performance data: input to compressor. input from atmospheric air. total input. total output. Carnot COP.
Vapour compression COP. Carnot efliciency. operational COP and air volume.

FIGURE 13 il

. Stop
Flow chart - domestic heat pumps- (_—_)

mathematical model
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3.4.1 Section 1 - Compressor

As previously stated domestic installations tend to use hermetically sealed compressors. This
type of compressor recovers energy emitted from the drive motor windings and transmits it to
the refrigerant at the compressor suction. On entering the outer shell and before entry to the
compression cylinder, there is a pressure drop and a temperature rise of the refrigerant which
effects heat pump performance.

The first step in the performance calculations was to decide on the thermodynamic properties
of the refrigerant. Thermodynamic conditions of the refrigerant leaving the compressor and
also the temperatures of refrigerant and water passing through the condenser are shown in..
Figure 14.

3.4.1.a Isentropic Efficiency

Assuming the compressor to have an isentropic efficiency of 60%, the specific enthalpy of the
refrigerant at the compressor delivery was calculated. Isentropic efficiencies of this order are

typical of hermetically sealed compressors.

3.4.1.b_Mechanical Performance

Compressor specifications required to provide the heat pump performance, were made by
assuming the isentropic efficiency which enabled the specific enthalpy of the refrigerant at
suction and delivery to be calculated. Volumetric efficiency was calculated from the
compression ratio at which the compressor would be needed to operate, as outlined in section

2.2.1.
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3.4.2 Section 2 - Condenser

The condenser consisted of two concentric tubes, the cross section of which is shown in Figure
15. To reduce heat loss to the atmosphere, the refrigerant was positioned so as to flow through
the inner tube, as it was at a higher temperature compared to that of the water circulation
system. The cooling water is assumed to flow in the annulus between the two tubes, counter
current to the refrigerant in the centre tube.

The overall coefficient for the flow of heat from the refrigerant to water was considered in
three components. These were the forced convection through the film resistance to heat flow
from refrigerant to the tube wall, conduction through the tube wall and the film resistance
from the tube wall to the water.

The condenser was designed to be constructed longitudinally as one component, but for the
heat transfer it was considered in two functional zones of heat transfer, the de-superheater
followed by the condensing zone. Whilst the overall heat transfer coefficient differs between
the two zones, the heat transfer film coefficient from the water to the metal tube, is assumed

to be the same for both zones.

3.4.2.a De-superheating Zone.

On the refrigerant side in the de-superheater zone, vapour is reduced from the superheated
temperature delivered from the compressor, to the saturation temperature at which the
condenser is set to operate. The mode of heat transfer in this zone is single-phase forced

convection.
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3.4.2.b Condensing Zone.

The condensing zone is two-phase heat transfer, removing latent heat from the refrigerant and
converting vapour to a liquid at the same saturated temperature and pressure. To calculate the
rate of condensing heat transfer by change of state, forced convective condensation of the
refrigerant inside a tube, there are two interdependent unknown values. The condensation rate
per metre length of tube had to be found, in order to calculate the rate of heat transfer per
. square metre of heating surface. To deal with this, a nominal value for the tube length was
estimated. Based on this assumed value, the condensation rate per unit length of the tube and
the heat transfer area were calculated. Differing values for the estimated and calculated tube
length were obtained. The calculated tube length was used to replace the previously estimated
value and the calculation repeated until the estimated and calculated values were the same. For
the above calculations, the computer was programmed to make a sequence of iterations on a
closed loop until the energy transfer and the condensation rate were in agreement accurate to
two decimal places. For the purposes of mathematical model at Appendix A3.1, the calculated

tube length previously obtained by a sequence of computer calculations was used.

3.4.3 Section 3 - Control Valve and Thermal Control of the Refrigerant Cycle

A cross section showing the construction of a refrigerant control valve is shown at Figure' 16.
This valve modulates the compression ratio and refrigerant flow for the proportional control of
the refrigerant superheat at the compressor suction. Increase of the compressor suction
temperature above the high limit set at the sensing bulb, causes refrigerant inside the bulb to
expand and increase pressure on the flexible diaphragm in the control valve. Raised pressure
deflects the diaphragm, opening the valves to increase refrigerant flow. Modulation of
refrigerant mass flow through the thermostatic valve, controls the amount of superheat at the
compressor suction. Variously sized orifice assemblies are available, the size being selected

according to the required refrigerant mass flow.
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The thermostatic control valve was considered to be isenthalpic, because of the negligible
change of specific enthalpy of the refrigerant flow through the thermal control valve.
Refrigerant discharged from the condenser is normally saturated liquid, but after passing
through the expansion valve, low pressure refrigerant entering the evaporator normally
consists of both liquid and vapour. The refrigerant vapour discharged from the control valve
serves no useful purpose whilst passing through the evaporator.

An increase of thermal output of the heat pump may be obtained by sub-cooling the
refrigerant before it is discharged from the condenser. This would reduce the specific enthalpy
of the refrigerant flow to the thermostatic control valve and reduce the dryness fraction or
quality of the vapour entering the evaporator. Sub-cooling causes a reduction of refrigerant
temperature that is limited by the water to refrigerant mean temperature difference for heat
transfer.

Whilst deciding the operating temperatures and pressures within the refrigerant cycle for the
mathematical model, it was noted that the minimum possible mean temperature difference
(M.T.D.), was governed by the refrigerant temperature leaving the evaporator. If the energy
gained from condenser sub-cooling could be utilised to superheat the compressor suction, the
M.T.D. of the evaporator may be reduced. In addition to energy conservation within the

refrigerant cycle, energy would be saved by reducing the pressure rise through the compressor.
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3.4.3.a Modifications to the Refrigerant Cycle.

Condenser Output - Sub-Cooling of the Refrigerant.

A change that frequently occurs within the refrigerant cycle is that the refrigerant is subcooled,
prior to leaving the condenser. The benefits of a useful heat gain from this source are limited
because it normally takes only a small reduction of the refrigerant liquid temperature and
therefore only a small amount of heat is recovered, before the temperature difference between

refrigerant to water is nullified.
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Additional Heat Exchanger.

Another approach, designed to increase thermal output of the heat pump, would be to
introduce an additional heat exchanger into the refrigerant circulation system. This would be
installed in the refrigerant pipework between the condenser output and input to the control
valve. The heat exchanger would be designed to sub-cool the liquid refrigerant leaving the
condenser and provide additional superheat to the refrigerant immediately before entering the

COMPressor.

In order to assess the increased thermal output of the heat pump, the operating conditions used
for the initial calculations of the mathematical model and subsequently for the computer
program, were used. See Appendix A3.1. A final temperature of the superheat was to be
selected and therefore it was fixed at 32°C, in agreement with the CECOMATF test conditions.
The details are shown in Figure 17 where a heat exchanger would extract heat from the liquid
refrigerant at point 'A’, to increase the superheat at point 'B'. This change causes an increased

specific enthalpy gain of both condenser and evaporator.

The added heat exchanger, as shown in Figure 18, provides a 15% increase the specific
enthalpy available to the space heating system, but to a great extent this is negated by a
reduction of refrigerant mass flow in circulation, caused by changing conditions at the
compressor suction. The actual refrigerant volume flow passing through the compressor
remains unchanged but the superheat temperature increase, causes an increased specific
volume of the refrigerant at the compressor suction, and therefore a reduction of refrigerant

mass flow.

Refrigerant Mass Flow and Resulting Thermal Performance.

Neglecting any small pressure loss in the refrigerant flow through an additional heat

exchanger, there should be little or no change to the compressor pressure ratio and therefore,
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the suction volume at the compressor suction will not be subject to change. The increased
degree of superheat at the compressor suction causes an increase to the specific volume in the
refrigerant as shown in Figure 18. Due to the compressor suction volume remaining
unchanged and the specific volume being increased, the refrigerant mass flow is reduced [31].
The thermodynamic property data of refrigerant R12 records an increase of specific volume of
the refrigerant from 0.0727m’/kg to 0.0828m’kg. This indicates a 12% reduction of
refrigerant mass flow and, therefore, a similar reduction in specific thermal output from the
heat pump. However, overall the resulting gain in the heat pump output caused by the gain of

specific enthalpy and reduction of refrigerant mass flow was estimated to be 3%.

The above calculations were based only on one set of operating conditions from which the
above thermal performance was obtained. To be conclusive it would be necessary to examine
a whole range of conditions, producing varying degrees of superheat at the compressor suction
and therefore varying thermal output of the heat pump. From the above, it is indicated that the

additional costs of the heat pump should be examined against the savings made.
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The Granryd Cycle

From calculations, it is suggested that the performance of the evaporator might be increased
by 25% relative to the conventional cycle by use of the Granryd Cycle [32]. The basic
Granryd cycle passes the refrigerant through a throttle valve, then into a flash chamber. The
vapour then bypasses the evaporator and is retumed into the circulation system at the
compressor suction. The advantages of this are that the evaporator becomes smaller and more
efficient, also it is a cheap and effective method of controlling refrigerant flow to the
evaporator.

Based on the Granryd Cycle, the above reference outlines further developments where the
energy may be saved. This includes installing a turbine to be driven by the expanding
refrigerant, the energy recovered can be utilised to drive the compressor. There are aspects of
these developments that cause concern, one being that periodic switching of the compressor to
regulate heat pump output to meet the varying space heating loads may place excessive strains

upon it.

3.4.4 Section 4 - Evaporator

Heat Exchanger Design.

For the purpose of design-point calculations, it was assumed that a cross flow evaporator
consisted of two zones. The first is the refrigerant evaporation zone, where both sensible and
latent heat are transferred from air to refrigerant, which changes phase from liquid to vapour.
Following on from this is the refrigerant superheating zone where additional heat raises the
temperature of the refrigerant before it enters the compressor. The heat transfer coefficient on
the refrigerant side of the heat exchanger is calculated independently for each zone, but for the
air side and conduction coefficient through the tube wall, there is assumed to be no change
between the two zones.

The reason for dissimilar calculations on the refrigerant side of the heat exchanger between

the two zones, is due to the differing mode of heat transfer. In the refrigerant evaporation
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zone, the heat transfer is two phased, forced convection boiling and for the superheating :}zone,
single phase, forced convection heat transfer.

Air flow over the heat exchanger tubes is driven by a fan. When compared to most liquids,
atmospheric air, because of its low density, has a low heat transfer coefficient. To mitigate this
effect fins are fixed to the external surface of the tubes to provide an extended heating surface.
The heat transfer is increased over that of the refrigerant backed heating surface. When
atmospheric temperatures fall below 5°C, atmospheric moisture contained in the air begins to
freeze, depositing ice onto the fin extended heating surface. In severe conditions, bridging may
occur causing a complete blockage in the air space between the fins. Restriction of the cross
sectional area available for the air flow, caused by ice formation, reduces the thermal
performance of the evaporator at times when the maximum space heating output is required.
To reduce the probability of bridging, tﬁe' minimum space between the fins is normally
specified to be between 4 and 5 mm. The tube and fin dimensions on the evaporator are shown
in Figure 19. The heat transfer coefficient for air side was calculated based on the fin
dimensions and their spacing. Allowance was made due to the rate of heat transfer per unit
area of the fins being less than that of the refrigerant backed area. Data required to calculate
the mean temperature difference between air and refrigerant of both zones of the evaporator

are shown in Figure 20.
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Evaporation Zone.

There are two distinct modes for boiling liquids, known as pool boiling and forced convective
boiling. Pool boiling is that which is applied to a liquid within a container which is static until
heated. Whilst being heated, agitation within the liquid is caused by the bubbles that are
formed on the inner surface of the container breaking away and then moving to the surface of
the liquid.

The other method, and the one used in these calculations, is forced convective, where fluid is
impelled through a heat exchanger tube. The liquid and vapour temperature entering the
evaporator zone are at saturation. There are, therefore, three regions of heat transfer in the
change from liquid and vapour to fully vaporised. First within the liquid phase, bubbles are
formed and then break away from the tube surface. In the second region there is an annular
flow with a liquid film on the tube surface and a core of vapour with suspended liquid
globules. Third is the dry wall region with suspended liquid globules that are subsequently
evaporated. These processes of forced convective boiling are based on those described by
Rogers & Mayhew [33].

The two phase, refrigerant side heat transfer coefficient for forced convection boiling was
obtained from the summation of two heat transfer coefficients, namely the nucleate and the

convective components. The large number of bubbles forming on the hot surface then
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travelled through the liquid constituting the heat transfer by the nucleate component. Forced
heat convection is the process by which heat is transferred through a fluid by the forced

motion of the fluid through the tube.

Refrigerant Side - Superheating Zone

The single phase flow coefficient for the heat transfer within the superheat zone of the
evaporator is designed to protect against liquid carry-over to the compressor. Refrigerant
discharged from the evaporation zone, although theoretically refrigerant vapour, may contain
liquid globules or mist which would cause damage to the compressor. The compressor is not
designed to handle liquid and, therefore, a small degree of superheat is added as a safety factor
to evaporate any traces of liquid carried over by the vapour. The heat exchanger is designed
for cross flow air and refrigerant temperaﬁues. A cross section of the tube, complete with the

extended heating surface, are detailed on Figure 19.

Effect of Oil on Evaporator Performance.

Lubricating oil is necessary for efficient operation of the compressor, but there is an
unavoidable pick up and carry-over of oil from the compressor to the refrigerant cycle. If .
necessary, an oil separator may be fitted to the compressor discharge, but dependent upon the |
type and quantity of oil in circulation, the oil can either hinder or enhance good performance

from the evaporator [34].

Defrost

Following the field trials carried out by the Electricity Council in the U.K., it was reported that
defrosting seriously reduced the heat pump space heating capacity during cold weather. At
-1°C ambient, the reduction of heating capacity was 19%. At higher temperatures, loss of
heating capacity becomes significantly less, being considered marginal at 3°C. The defrosting

requirement was found to be insignificant in terms of seasonal COP, [19].
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In the practical application of the domestic heat pump to space heating, loss of heat output due
to defrosting must be considered according to location and exposure of the site. Climatic

conditions tend to be diverse and are, therefore, not included in the model.

3.4.5 Summaryv of calculated results.

Thermal input and output are included as are the cycle efficiencies for the comparison of heat
pump thermal performance. The following is an outline of the procedures adopted whilst
developing the mathematical model, as shown in Appendix A3.1. The section numbers given

below are those used in the model make reference to the individual components of the heat

pump.

Space heating demand.

There are two operational conditions to be fulfilled by the space heating system. Firstly
preheating prior to occupation and secondly in the steady state comfort conditions that are

maintained during occupation.

Preheating Prior to Occupation.

Whilst preheating the dwelling prior to occupation and at times when the ambient temperature
is above thar of the design conditions, increased output from the heat pump is available. In
these conditions, providing that the heat emitters within the heated space are suitably sized. a
reduction in the time taken to preheat may be achieved. This can save energy because the
reduction in the time taken for preheat reduces the time that heat energy is being lost by air
* leakage from the heated space and through the building fabric.

Another consideration is to optimising start time control systems by scanning atmospheric and
room temperatures with the object of delaying start-up of the preheat period to the latest

cogent time. Heat pump sizing has an effect on this issue. because if it is increased. it could

n
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reduce the warm-up period. This increases the economy of the system, particularly if the

dwelling is intermittently: occupied throughout the day.

3.5 SEASONAL PERFORMANCE - PART LOAD & OVER LOAD CONDITIONS

The mathematical model previously discussed, details heat pump performance at design load
conditions. When compared with the deviancy of the space heating load throughout the
heating season, this is shown to be applicable infrequently over the course of a year. The
object, therefore, when designing a heat pump, should be to review the whole range of
operating conditions and the frequency at which they occur. Design of the heat pump could
then be directed to obtaining maximum seasonal COP and minimum annual energy

consumption.

3.5.1 Heat pump Performance at Part Load Conditions.

Changing conditions within the heat pump cycle, due to changes in ambient temperature are

shown in Figure 21.
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Figure 21 shows the thermodynamic conditions, taking an example of an atmospheric

temperature of 10°C.

Design point conditions at the air inlet are shown to be 0°C. The temperature drop of the air
through the evaporator is known to be 4K and. therefore, the mean temperature is shown to be
-2°C. At the design point, water flow temperature from the heated space enters the condenser
at 45°C and leaves the condensing zone at 49°C, the mean being 47°C. Operating details at
the design conditions are shown on the pressure enthalpy diagram, Figure 22. The set control
at 5K superheat at the compressor suction and the mean condenser water temperature are
unchanged when atmospheric temperature increases, but the operating mean temperature
difference in the heat exchangers of both condenser and evaporator increases. Under this
change of operating conditions the thermal output of the heat pump is enhanced.

In practice a range of operating conditions, both above and below the design point, would be
calculated to accomplish a representation of the seasonal conditions. Seasonal change of air
temperature entering the evaporator is shown, but the water temperature, being

thermostatically controlled, is assumed not to change due to the seasonal ambient changes.
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Figure 23 shows a thermal performance chart of a heat pump compressor for a range of
evaporating and condensing temperatures. It is representative of performance data presented
by manufacturer. The mathematical model allows for an open compressor whereas the data
shown in Figure 23 is for the hermetically sealed compressor normally used for heat pumps
applied to domestic space heating systems. The performance of the hermetically sealed

compressor is discussed later.

3.5.2 Compressor Efficiency at Part Load Conditions.

A calculation has already been made of the compressor isentropic efficiency at design load
conditions, but it would be an advantage to survey manufacturer's data to find the compressor
with the highest seasonal efficiency. The process by which this is done is by the use of
compression efficiency maps as suggested by Gluckman [35]. For the compressor being
considered, the illustrated contours of constant isentropic efficiency plotted against condenser
and evaporator temperatures, enabling the whole range of operating conditions to be studied is
shown in Figure 24. The efficiency contours are shown for two reciprocating compressors,
similarly sized, ‘A’ being semi-hermetic and ‘B; open. It was noted by the editor of reference
[35], that, in this case, the open compressor was shown to be the higher efficient machine and
was also cheaper. The approach using lines of constant compressor isentropic efficiency to
calculate heat pump efficiency at varying atmospheric temperatures can be made. The total,
annual duration of any particular load condition may be obtained from the heating analysis

chart.

57



\

‘\

[\

Watt

1300 35
| 45
1200 l % 55
1100 | //
E- ; |
1000 i 7/ _t
900 : v

800 i ///

o . / / | ;
/ / Ambient temperature
/ i Return gas temperature> 32 °C

~§
Condensing temperature °C

500 .
L~ : ..
;/Q Output | Liquid temperature
400 i , : ;
300 ;'
i
i
200 : l
100 Motor Input ' ‘
| | Evaporating Temperature C
0 | |
-15 -10 -5 0 5 10 15
Thermodynamic Performance of a Hermetically Sealed Compressor
FIGURE 23

(Danfoss compressor FR7H)

n
co



Steady state modelling simulation

60 Q
50

50%

(@)

Condensing Temperature T

-40 =20 0 20
Evaporating Temperature ©

60 60%
70%
50 ‘

75% / ®)
40 |

Condensing Temperature °C

Evaporating Temperature °C
FIGURE 24 Compressor Efficiency Maps

Contours of Constant Isentropic Efficiency

59



Steady state modelling stmulation

3.5.3 Refrigerant Mass Flow

To enable the electrical input and thermal output of the compressor and the performance of the
heat exchangers to be calculated, the refrigerant mass flow through the compressor must be
calculated.

3.5.4 Heat Analysis Chart.

The effect of varying climatic conditions on heat pump performance may be acquired by study
of a heat analysis chart. Charts are available covering weather for diverse locations in the
U.K., Figure 25 being one example. Percentage heating demand for the heating season on the
heating analysis chart was divided into six sections. Dotted lines from the x-axis to the y-axis
enabled the number of days per annum in each section to be identified on the y-axis. The thick
continuous lines in the middle of each section indicated on the x-axis, show the mean
percentage load for that section. The incréaée of heat output caused by the rise of ambient
temperatures above that of the design load, need to be taken into account when operating times

of the heat pump are calculated.

3.5.5 Thermodynamic Properties Input to Computer Program.

The properties of the thermodynamic values of the refrigerant R12 required .for the computer
program were taken primarily from tabulations by Raznjevic [36] and Wilson [37].

The mathematical model and computer program were intended, initially, to calculate the
design and construction of the four main units making up the heat pump cycle at the design
conditions. Following on from the initial calculations, the computer program was designed to
calculate the changing performance, if, for example, the seasonal thermal performance of the
heat pump was required.

To calculate the seasonal thermal performance of the heat pump, the changing thermodynamic
properties of the refrigerant, due to changes of temperatures and pressures, need to be entered
into the computer program. To comply with this req_uirement, the calculations would be made

at design and part load conditions.
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It was found that changes in refrigerant thermodynamic properties was a time consﬁming
process. With the objective of saving time when reprogramming the computer, techniques of
obtaining equations were used, based on thermodynamic property tables for refrigerant R12.

The techniques involved formulating equations for the whole range of operating conditions of
the heat pump, to the accuracy required, once again were found to be time consuming and
protracted [38] [39]. The method of simultaneous equations shown in appendix A3.5 were

used with relatively simplified computer programs and time saved[54].

3.6 _Summary of Heat Pump Performance Calculations

Development of the design procedures of the various parts, which when assembled, went
together to form a domestic heat pump was an instructive exercise. From this, a clearer
understanding was obtained of the heat e);changers and heat transfer and changes in state of
the refrigerant within the thermodynamic cycle.

The refrigerant, upon which the above calculations were based being R12, was made
redundant but the methods in the mathematical model and computer program are applicable to |
any refrigerant used for domestic heat pumps. When using any other than refrigerant R12, the
appropriate properties of the adopted refrigerant being used, needs to be inserted into the
computer program. This includes the appropriate values of the physical properties of the
refrigerant at the working conditions of temperature and pressure. The process involved in the
refrigerant change being first the development and selection of suitable replacement
refrigerants and then the physical properties needed to be ascertained by the refrigerant
manufacturers. Fo.r the design of a domestic heat pump using, what are now known as
environmentally friendly refrigerants, the appropriate physical properties was needed to be
applied. The refrigerant R134(a) was used in the future research, but at that time, the physical
properties referred to above were not available.

A number of appendices regarding the domestic heat pump performance are included. The

first being the basic mathematical model at steady state performance of the refrigerant cycle.
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This is accompanied by three subsequent appendices providing additional information.
Appendix A3.2 lists computer constants, where each item is numbered for identification in the
computer program, together with the units used.

Correction factors for the mean temperature difference of cross flow through the evaporator of
refrigerant and atmospheric air, can be obtained from graphical data in appendix A3.3. Factors
for the correction components enabling the nucleate-boiling suppression factors to be
obtained, are also included. Appendix A3.4 provides a copy of input and .output data from the
computer program.

Also listed in appendix A3.5, are the various equations intended to be used to calculate
thermodynamic properties of the refrigerant from known values of refrigerant pressure and
temperature [36] [37]. Progress was made, but in order to obtain equations with the necessary
accuracy to cover the whole range of values of pressure and temperature required for the
mathematical model, the task became extremely time consuming and, therefore, a distraction
from the main objective of the research. This item was set aside for the present.

CONCLUSIONS

The steady state model enables a designer to see how changers in individual components
affect the overall performance of the installation.

The compressor efficiency maps can be used to select a compreséor which will operate
efficiently for the required duty.

The model shows that the output from the heat pump varies considerably throughout the whole
heating season. Similarly the heating load is weather dependent. Using a heating analysis chart
and the steady state model the designer can predict the cycling of the heat pump system

thoughtout the season.
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CHAPTER 4 - DESIGN OF THE SPACE HEATING SYSTEM

4.1 INTRODUCTION

This chapter discusses ways in which the thermal efficiency of the space heating system may
be adversely affected if the heat distribution system and its controls are not properly designed and
installed. This principally entails matching thermal output of the heat distribution system, which
consists of the water distribution pipework and heat emitters, to the space heating load. Thermal
performance of the space heating system was studied for the following periods:

(i) prior to occupation during the preheat period, and

(i) during the period of occupation when the comfort conditions are being maintained.
UK climatic conditions were studied together with the thermal effects of the building construction.
This included a study of the provision of additional heat to supplement heat pump thermal output

on very cold days.

4.2 MATCHING HEAT PUMP OUTPUT TO THE LOAD

The water circulation system transports heat from the hear pump to the emitters within the heated
space. Both the water circulation system and the heat emitters need to be sized and designed to
match the thermal performance of the heat pump. Matching heat supply to the thermal load poses
some problems, because of the rise of atmospheric air temperature above the design point
condition. causing the heat pump output to increase, as discussed in Chapter 3. The space heating
load reduces under the same change of atmospheric conditions. The anomaly is compounded,
because. whilst changes of atmospheric temperature alters heat pump thermal output, the output of
the distribution system remains ostensibly the same.

In commercial office buildings, the energy used to preheat the building prior to occupation can be
up to 50% of the total space heating energy consumption. Because of the different mode of
occupation. the proportion of energy used to preheat domestic dwellings is generally lower than

that for commercial offices, but it is considered that this subject is worthy of study.
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4.2.1 Space Heating Prior to Occupation

Energy losses from the structure to the atmosphere are reduced by preheating the building in the
shortest possible time. To do this the maximum possible thermal input rate is required. The sizing
of the heat pump, the thermal emitters and the time control system were studied.

During the preheat period, at times of the year when atmospheric temperatures are above the
design point, if the heat emitters are designed to match the heat pump output at design point, the
full capacity of the heat pump is not realised. Under these conditions, COP will be reduced due to

heat pump on/off cycling and the preheat period will be extended.

4.2.2 Space Heating During Occupation

Problems associated with matching output of the heat emitters to the heat pump during preheat,
apply equally to the occupation period. In addition, a study was made of the water temperature
control and capacity controi systems. The speed of thermal response of the heat distribution
system and on/off cycling frequency whilst controlling room temperature may adversely effect the

efficiency of the installation.

4.3 DESIGN OF THE HEAT DISTRIBUTION SYSTEM

Losses caused by on/off cycling of the space heating system, as established by laboratory testing
were discussed in chapter 2, paragraph 2.5. Cycling frequency is affected by the amplitude of the
temperature fluctuations and by the speed of response to temperature change of the heat

distribution and temperature control systems.

4.3.1 Notional Time Constant of Heat Distribution System

It was found in a study by Pepper and Smith [40] that a number of design features of the heat

distribution system effect the notional time constant. This, in turn, effects the heat pump cycling
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frequency and the efficiency of the installation. The main items of design effecting efficiency are
flow/return water temperature difference, single or two pipe water distribution system and thermal

storage within the water circulation system.

4 3.2 Temperature Difference - Water Circulation System

The notional time constant of a heat distribution system is increased by designing for an increased
temperature differential through the heat emitters as shown in Figure 27. From this;, it is
ascertained that a design that provides an increased temperature drop through the system, reduces
mass flow of the circulating media and reduces the cycling frequency. Increased temperature
differential through the heat distribution system has the advantage of reducing the return water
temperature to the heat pump. This increases the M.T.D. in the condenser and, therefore, increases
the heat transfer.

If the condenser is designed for counterflow, the possible level of refrigerant sub-cooling is
increased and the additional heat taken from the high pressure refrigerant increases the thermal
output and COP of the heat pump.

4.3.3 Pipework Design - Water Circulation

From the data supplied on notional time constants, the thermal response of the two-pipe system
would appear to be slower on start up than the single-pipe system. The single-pipe system has
the advantage of a quicker response on start up but in continuous operation, the two pipe system
provides a more unified distribution throughout the dwelling [40]. Therefore the choice of mode
of circulation for a space heating system supplied from a heat pump favours the two-pipe water

circulation system.
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4.3.4 Thermal Storage

To supplement the thermal storage that is normally inherent in the heat pump installation,
additional storage may be built into the refrigerant circulation system. This may be either on the
high or low temperature side of the heat pump [41], or alternatively into the water circulation
system.

Increased thermal storage has the following advantages:

(i) storage of heat by use of the electricity at lower priced off peak tariff,

(ii) reduce the on/off switching frequency caused by the heat pump capacity control system,

(iii) to improving stability and energy balance of the installation, and

(iv) increase of COP and reduction of heat pump design capacity by levelling out peak loads.

4.4 TIME AND CAPACITY CONTROL

Automatic control systems are available to switch on the space heating system at the optimum time
to preheat the domestic dwelling to comfort conditions ready for occupation. During the period of
occupation, output of the space heating system is normally capacity controlled to the
predetermined temperature fixed by the occupants. The optimum time taken to preheat the
building for occupation varies due to changing external and internal temperatures throughout the
heating season. An alternative to automatic control is for the occupant to manually adjustrthe start
up time to the seasonal space heating requirements.

Dale and Crawshaw [42] discussed the advantages of a manual control loop process of observe,
think, decide and, if necessary, act. In doing this and in the utilisation of previous experience,
learning and memory are involved. They proposed the installation of a seven day time controller,
with adjustable on/off time switch which is reviewed by the occupants. In the intervening years,
this has been achieved whereby even domestic systems have programmable controllers.
Programmes for optimum start time control, monitor internal and external temperatures and switch

on the heating system at a time calculated to preheat the building just in time for occupation. Time
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taken for the preheat is monitored daily and the programme is automatically updated if necessary.
There is always a temptation for the occupant to make adjustments to the space heating control
system without sufficient knowledge of the outcome. To minimise the effects of this, the most
simplified system of a seven day time controller that can be manually adjusted would be preferred,

otherwise the automatic optimum time controller that is self correcting could be considered.

4.4.1 Heat Pump Capacity Control

Features of the thermostatic control that affect cycling frequency of the heat pump have been
discussed in by Fitzgerald [43]. He produces data showing how cycling frequency varies due to
changing load conditions. The author has taken the data of Fitzgerald to produce a typical set of
curves, shown in Figure 28. This shows how the various design features of both the heat
distribution system and room thermostat effect the cycling periodic time. This technical paper was
produced to show how design of the heat distribution system and specification of the room

thermostat effect the thermal output and COP of the heat pump installation.
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4.4.2 Water Temperature Control
The distribution system being studied below is the closed water circulation which transmits heat

being transferred from the condenser, through the heat distribution system to heat emitters fitted

within the heated accommodation.

When considering the steady state operation of the heat pump in Chapter 3 Figure 21, water in the
heat distribution system was shown to be at a constant temperature, independent of rise of ambient
temperature. It has been demonstrated previously that in conventional heat pumps, at part load
conditions, the room thermostat causes the heat pump to operate intermitently. The water
temperature therefore increases whilst the heat pump is operational and reduces when inoperative.
The indicated water temperature shown in Figure 21 represents what may be considered to be the

mean temperature.

Output capacity of the heat emitters within the heated space would normally be matched to the
heat pump output at design conditions. When atmospheric temperature rises above the designed
condition, the heat pump is therefore switched on/off under the control of the room thermostat
according to the set temperature differential. This causes both flow and return water temperatures
to increase but they are limited by the room thermostat which switches the heat pump on/off due
to the increase or reduction of room temperature. In addition to the room thermostat, whilst the
heat pump is controlled in operation, at all times the refrigerant cycle is controlled to by the degree

of superheat at the compressor suction.

The part load operations discussed above were known to be caused by reduced heat pump

efficiency and therefore were studied further in the laboratory research discussed in Chapter 7.
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45 APPLICATION OF THE HEAT PUMP TO UK DWELLINGS AND CLIMATIC
CONDITIONS\

For the analysis of heat pump seasonal performance, it was decided to take published monthly
averages of daily maximum and minimum dry bulb temperatures. Calculations of hourly
variations were based on the assumption that temperatures varied sinusoidally throughout the day.
Study of the application of heat pumps to domestic dwellings in the UK were made comparing
buildings of light and heavy construction. Domestic accommodations contain a wide variety of
complex human activities and therefore optimum 'comfort’ conditions span a wide range. It was
found that the design of internal environmental conditions can be allowed to swing about a mean
temperature.

4.5.1 Thermal Response of the Building Structure

Research into the effects of change throughout the daily cycle of atmospheric conditions was
carried out at the Electricity Council Research Centre, Capenhurst [44]. A mathematical model of
the behaviour of heavy and light constructions was used to calculate and compare the thermal
performance. Both dwellings weré insulated to the same high level. The time taken to preheat a
building of heavy construction during the average January conditions was shorter due to less
overnight cooling than with the light construction, however the daily fuel consumption of the
heavy house was in the order of 10% greater. These trials show that for two walls of the same
overall level of thermal insulation, the heavy construction provided lower levels of temperature
deviation throughout the day when compared to the light construction building.

Computer calculations made by the UK Electricity Council Research Centre [45] report that if
plant is oversized by 40%, then this will lower the seasonal COP by 12%. The heat supplied to the
building will drop by 10%, but energy input to the heat pump increases by only 2%. The lowering
of the COP caused by oversized plant is attributed to heat pump cycling. Reduction of the heat
demand is considered to be due to a reduced preheat period. It was also shown that a heat pump

can operate with a higher effective COP in a heavy building when compared to a lighter one.
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A further series of calculations by the Electricity Council Research Centre [45] assessed the effect
of building mass on the seasonal performance of heat pumps with regard to the heat pump size and
seasonal COP. Calculations made with this programme indicate that higher COP does mnot
necessarily produce lower energy consumption. The higher COP from a building of heavy
construction resulted in a higher input of energy. The lower COP resulting from plant oversize is
accompanied by a lower energy consumption and lower heat supply to the building. This is

attributed to energy saved by reduced preheat periods.

4.5.2 UK Climatic Conditions

Heat transfer in the evaporator from atmospheric air flow to the refrigerant is affected by both
temperature and humidity levels. The influence of moisture in atmospheric air is an important
factor, because up to 15% of the collected heat may arise through the latent heat of condensation

of water vapour [41]. An equation given by Jones [46] provides temperature variations of ambient

air throughout the diurnal cycle:

t = tlS __Qx l_sin(M)
2 12

where:

t temperature at various times of the day,

ty5 peak temperature occurring at 15.00 hrs sun time,

D diurnal temperature range, and

¢ = hours - time of day.
This equation is based on the assumption that temperatures vary sinusoidally throughout the day,

the minimum night time temperature being at 03.00 hrs and peak day time at 15.00 hrs. It was
decided that an equation of this type would simplify the specification of dry bulb temperature at
any time throughout the space heating season. The use of an equation made it necessary to only

input monthly, average, maximum temperatures and diurnal temperature range into the computer.
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In the UK, the minimum diurnal temperatures and maximum humidity are normally assumed to
occur one hour before dawn. For the purpose of this project this convention was included, the one
equation being replaced by the following three equations:
A method which has been used extensively in the design of space heating systems and air
conditioning, assumes that the maximum daytime atmospheric air temperature occurs at 3pm, as
described above. However, the minimum daytime temperature occurs one hour before dawn. For
the purpose of this project, this convention was, therefore, adopted and equations were developed
to replace the above equation by Jones [46].
The calculation was made for the twenty four hours, starting at 1am, through to midnight on the
same day. One equation was developed to cover the whole period as follows:
Y=A-B/2 x (1 - sin E)

This equation calculates atmospheric temperature ‘Y’ at times on the hour throughout the day. ‘A’
is the maximum temperature, taken to be at 3pm. ‘B’ is the diumnal temperature range through the
24 hour day. The variable ‘E’ has three calculated values, one for each of the three periods
determined by the following equations:
(i) from lam to the minimum daytime temperature:

E=((X+9)/(D+9)+25)x =
(if) from minimum am to maximum pm temperature:

E=((X-D)/(15-D)+15)x=
(iii) from maximum pm to midnight temperature:

E=((X-15)/(D+9)+25)xm
where: X = hour - times through the 24 hour day

D = time of the day when the minimum atmospheric temperature occurs.
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Mean dry bulb air temperatures and dew-point at each hour during each day for the month of the
year are given in graphical form [47]. The properties of humid air are given for a range of dry bulb

temperatures and humidity levels appropriate to each month of the heating season can be obtained.

Seasonal thermal performance of the heat pump and variation of space heating load will be based
on the above equations. The monthly average of maximum daytime and diurnal variation for the

sinusoidal curves will be obtained for each month throughout the space heating season.

4.6 THERMAL COMFORT IN DOMESTIC ACCOMMODATION

As aresult of the wide variety of complex activities carried out in domestic dwellings and clothing
levels of the building's occupants, optimum conditions span a wide range. The acceptable internal
environmental temperature is 20°C, based on a combination of one third mean radiant and two
thirds air temperature [48]. Allowing a wide range of room temperature differential by the
thermostat, producing a fresh and more stimulating internal environment [49). Domestic space
heating systems fitted with a room thermostat are flexible in their temperature control. The
occupants may find themselves satisfied with a lower room temperature and a lower 'percentage of
people dissatisfied' than in a factory or office, as they have to pay the space heating fuel bill

personally.

4.7 SUPPLEMENTARY HEATING

The installation, capital and maintenance costs of a space heating system are frequently greater
than that of a conventional installation. One method of reducing the capital cost is to reduce the
size of heat pump and then provide supplementary heat. This reduces the capital cost, but may
increase the running costs. The supplementary heat, when operating in parallel with the heat pump,
needs to be thermostatically controlled. It may be preferable, therefore, that electricity is used to

provide the supplementary heat as this is easily and efficiently controlled by the thermostat. The
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heat pump would be controlled by a room thermostat and the supplementary heat only being

supplied at low atmospheric temperature, below the balance point, when the outside thermostat
calls for additional space heating. The quantity of supplementary heat required would be the
thermal variance between the heat pump output and the space heating load as shown in Figure 29.
The varying locations of the balance point due to varying heat pump size are shown in Figure 30.
It is preferable that the low temperature capacity control on/off switching should be of
supplementary heat supply only. An on/off time control, to supply heat only when the heat pump
is operative, and an outside thermostat, to activate the supplementary heat supply only when

outside temperatures are below the balance point temperature of the heat pump are included.
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4.7.1 Thermodynamics of the Combined Performance of the Heat Pump and Supplementary Heat.

The relationship between building heat loss, ambient temperature, space heating load and heat
pump output is indicated graphically at Figure 31. Space heating load, heat pump performance and
other values on which this graph is produced, are taken from the technical paper by Foxley and
Weaver [25]. This publication provides data based on laboratory and field trials and pump
performance for both steady state and at part load conditions when on / off cycling. Using this data
and a heating analysis chart for London, Figure 25, the seasonal performance when operating in
conjunction with supplementary heating was made. The first calculation , Appendix A4.1 Table 3
as made with a heat pump sized to meet the space heating load at the balance point at 4°C, this
being in accordance with the data produced by Foxley and Weaver. Three further calculations
were made to show the increased demand fof supplementary heat when three graduated reductions
of 25% of thermal capacity of the heat pump were made, at Appendices 4.1 at Tables 4, 5 and 6.
A summary of results are shown at Appendix 4.1 Table.7.

ﬁe heat pump designed to meet the space heating load at the balance point of 4°C is attributed to
have 100% load output. A total of four individual capacity ratings of heat pump were identified,
each reducing in capacity by 25%. Reduction of heat pump capacity increases the balance
temperature above that of the previous model, see Figure 30. Energy used jointly by the heat
pump and supplementary heating are shown on the graph in Figure 31.

This shows how the reduction of heat pump capacity increases the proportion of heat pump
continuous operation, therefore, saving fuel. The simultaneous increase of supplementary heat
required, more than offsets any energy saved, however.

Reduction of heat pump output capacity at low ambient temperature is caused by ice formation on
the evaporator heat transfer surfaces. When the ambient temperatures are above that of the balance

point, heat pump operation is intermittent to reduce thermal output to that of the space heating
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load. Ambient temperatures below that of the balance point, allow the heat pump to operate
continuously. Any deficiency between the heat pump output and the requirements of the space

heating load is supplied by the supplementary heat.
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APTER S BORATORY RESEARCH - HEAT P T RI FRIGERANT R12

5.1 INTRODUCTION.

Contact was maintained with the chemical industry and refrigerant compressor manufacturers
throughout the practical phase of this research, regarding the change from the established
refrigerants in general use at that time, to the environmentally friendly refrigerants. Development
of a suitable environmentally friendly refrigerant was complete, however, development work by
the manufacturers of a compressor suitable for this research project and the environmentally
friendly refrigerant, were still to be completed. The refrigerant industry was still in the midst of
the change of refrigerants énd it was clém that there would be a time delay before environmentally
friendly refrigerants could be used on this research project.

In the light of these circumstances, it was decided to undertake laboratory research, using
refrigerant R12. The use of this refrigerant was soon to be prohibited and the research using it
was, therefore, geared to the techniques of design and construction of the heat pump, also to the
gaining operational experience that could later be applied to domestic heat pumps using an
environmentally friendly refrigerant.

With the objective of preparation for the future test using environmentally friendly refrigerants, it
was decided to build and put into operation a water to water heat pump test rig using Refrigerant
R12. Laboratory research specifically applicable to the thermodynamic performance of
Refrigerant R12. would be avoided. The advantages of using a water-to-water heat pump were
that changes of the evaporation temperature could be made without the use of the environmental

chamber. The use of this faciliry being in full demand by others.
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5.2 BRIEF DESCRIPTION OF TEST RIG ASSEMBLY.

A schematic diagram of the water to water heat pump test rig, using refrigerant R12, as
constructed in the laboratories of Sheffield Hallam University for this part of the research, is
shown at Figure 35.

For the purposes of this research project, the type of heat pump being studied transfers heat from
air to water. The objectives in building the refrigerant R12 test rig made it desirable at this stage to
construct a water to water heat pump. The parts for a water to water heat pump were more readily
available and this would fully serve the purpose of the laboratory trials at this stage. The
refrigerant circulation was powered by an electrically driven, hermetically sealed compressor. This
discharges first to the cylindrical shell of the water cooled condenser, then to the refrigerant
control expansion valve and finally, réuunjng to the compressor at low pressure through the heat
evaporator exchange coil immersed in a water filled tank. The condenser water circulation system
consisted principally of a water storage tank and water outflow tank. When the water circulation
reached the control temperature the control valve measuring the flow temperature to the condenser
diverted a proportion of return water from the condenser to the outflow tank.

Inflow of cold water through the ball valve maintained the water level and reduced the
temperature to the set point temperature. The electrical immersion heaters were used to reduce the
warm up period when starting up the heat pump from cold. Water temperature in the evaporator
tank was controlled using an on-off thermostat in the electrical supply to the immersion heater.
The agitator, in the same fitting as the thermostat and water heater, operated continuously to
maintain a uniform water temperature and to enhance heat transfer from water to the refrigerant.
The evaporator tank contained an auxiliary heater to manually adjust the water temperature when

necessary.
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5.3 BUILDING THE TEST RIG.

5.3.1 Safety Procedures.

The heat pump was mounted onto a steel frame, which was purposely designed and constructed to
support all of the equipment correctly. The largest concentration of weight was in the water tanks
which were fitted at low level on the rig. The frame and all metallic parts of the fittings were
electrically earthed, then checked and certified to be safe by a competent person. Working

pressures of the equipment were checked against the maximum cut out pressures of the heat

pump.

5.3.2 Condenser Design.

The condenser consisted of a mild steel shell containing both liquid and vapour refrigerant.
Refrigerant to water heat exchanger tubes were mounted horizontally between tube plates and
headers at each end of the shell. The copper tubes, running' the full length of the shell, were
arranged for three pass water flow. Outside the heat exchanger tubes the upper part of the
condenser shell contained vapour whilst the lower part accumulated the necessary reserve liquid
refrigerant storage.

A spring loaded pressure relief valve was fitted into the condenser shell. This was designed to
relieve refrigerant to atmosphere and reduce pressure in the event of the refrigerant pressure rising
above 10 bar (gauge). In addition, the pipework supplying high pressure refrigerant from the
compressor to the condenser were fitted with a high pressure control to switch off the compressor
at a slightly lower pressure than the set pressure of the condenser high pressure relief valve. The
objective of the compressor high pressure switch off control was to reduce the possibility of the

release of refrigerant vapour to the atmosphere.
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5.3.3 Compressor

The compressor used was a Danfoss FR7H, hermetically sealed, with a displacement of
6.93 cm’/rev. This was driven by a 170 W electric motor. The thermal output stated by the
manufacturer, when evaporating at 0°C and condensing at 55°C, was specified to be 770 W. This
performance was obtained from laboratory trials made by the manufacturer. The test conditions
used were those specified by the European Committee of Manufacturers of Refrigeration
equipment, Brussels, Belgium (hereafter referred to as CECOMAF). The test procedures followed
were as specified in the International Standard ISO 917:1989(E) and the British Standard
Specification BS3122 Part 1. This international standard specifies methods of test for
performance, determination of refrigerant capacity and of volumetric efficiency. Also
determination of power, isentropic efficiency and coefficient of performance of refrigerant
COmMPIessors.

5.3.4 Refrigerant Control Valve

The valve controlling pressure, refrigerant mass flow and the degree of superheat of the
compressor suction, was fitted in the pipework at the refrigerant outlet from the condenser.

5.3.5 Thermal Insulation

To minimise thermal losses from the heat pump. thermal lagging was applied. The surfaces
thermally insulated included the refrigerant pipework on the high pressure side of the compressor.
A removable muff made from glass fibre inside a plastic wrapping was made to insulate the
condenser shell. The rectangular evaporator water storage tank was thermally insulated using
polystyrene slabs approximately 45mm thick.

5.3.6_Instrumentation.

Ten thermocouples were used to automatically scan and record temperatures at fixed points on the
test rig. Eight were fitted to the refrigerant cycle whilst the remaining two were fitted to record

inlet and outlet water temperatures at the condenser. Both the time taken to measure temperature,
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(named the pause), and the time between scans, (named the dwell), were adjusted to create the
required scan frequency. Scanning frequencies were varied between two and five minutes,
depending on the varying requirements of the study. The location of the thermocouples on the rig
are shown on an outline sketch of the refrigerant cycle in Figure 36.

Readings from Bourdon type pressure gauges, evaporator water temperature, the condenser water
flow rate and the refrigerant levels in the sight glasses were taken and recorded manually at times

coincidental with the automatic temperature scan.

5.4 COMMISSIONING THE TEST RIG.

5.4.1 Purging the Refrigerant Circulation System

After completing the test rig construction, hoses of the Gould System Analyser were connected to
the heat pump test rig to facilitate the purging of the refrigerant system. Hoses from the analyser
manifold were connected to the R12 refrigerant storage bottle, to the vacuum pmﬁp and then from
the manifold to the suction and delivery pipework of the compressor, as shown in Figure 37. The
vacuum pump first purged air from the hoses of the analyser, then the heat pump system after
which a small charge of refrigerant was transferred from the storage bottle to pressurise the test
rig. The analyser was then disconnected from the test rig.

At all times during the heat pump commissioning and testing, care was taken to keep the
evaporator above atmospheric pressure to safeguard against the ingress of air into the system.
Dun'ng the commissioning period, when connecting the system analyser to replenish refrigerant

leakage, the hoses were purged before tightening at the heat pump end of the connection.
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5.4.2 Refrigerant Leakage Testing

A leakage check was made using the bubble test. A mixture of soft soap and water was brushed
onto the outer surface of the joints in order that if there was a leakage of refrigerant, bubbles
would form on the outer surface. Leakages were found from the compression joints in the
pipework. The compression joints were tightened and the 1eakag¢ stopped. It was then found that
disturbance of the pipework had caused other leaks to occur. This procedure was protracted and
joints that had once been made tight, were again found to be leaking. To solve this problem the
pipework was completely dismantled and rebuilt brazing all joints.

Originally compression joints were used, because it was considered that they would be satisfactory
for the pressures involved and time would be saved on the construction and dismantling of the rig.
The reason for the failure of the compression joint fittings is not known with any degree of
certainty. The pipework layout in question was compact in the vicinity of the compressor therefore
the pipework thermal expansion and contraction together with the vibrations from the compressor,
could have been a contributory cause of the leakages. The pipework was reconstructed replacing
the compression fittings with braised joints, which proved to be satisfactory.

Calculations were made with the object of appraising the extent of refrigerant leakage when not in
use using the ideal gas law: pV =mRT.

Calculations indicated extremely low vapour loss of 0.00284kg of refrigerant in three days. It was
concluded that the heat pump pressure was being maintained by vaporisation of the small amount
of liquid refrigerant in the condenser shell. The bubble test, described above was found to be the
most reliable indicator of refrigerant leakage when the heat pump was not in use, as it not only
indicating that there was a leakage, but also located it. The loss of refrigerant was also indicated
by reduced thermal output. For acceptable heat pump thermal performance it was found to be

essential that the sight glass on the outlet from the condenser was vapour free.
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5.4.3 Refrigerant Sight Glasses

Two sight glasses were fitted into the refrigerant circulation system, one in the compressor suction
and the other at the refrigerant output from the condenser. The compressor was designed for a
pressure increase and volume reduction of the refrigerant as it passed between inlet and outlet
valves. It could not safely operate with liquid refrigerant because it would not have the same
volume reduction. The sight glass at the compressor suction may show traces of oil, but otherwise
it must be free of refrigerant liquid.

When adjustments were made to either the heat pump controlled temperature or the pressure
settings, observations at the sight glass fitted into the compressor suction were made. For the safe
operation of the heat pump frequent observations of the sight glass needed to be made at the time
and for a period following any control adjustment. The second sight glass which was fitted at the
condenser refrigerant outlet provided an alternative approach to assessing leakage of the
refrigerant using the universal gas equation. For the satisfactory operation of the heat pump the
refrigerant must be fully liquefied before leaving the condenser and this should be evident by
observations at the sight glass. Refrigerant loss from the system was indicated if the refrigerant
was not completely liquefied and there was a flow of vapour through the sight glass. When the
sight glass was passing both vapour and liquid the liquid surface line was clearly visible. If the
sight glass was running full, there was no indication to differentiate between vapour or liquid
flow. In these circumstances, a small circle drawn on a piece of paper, when viewed through the

sight glass flowing full of liquid, was distorted to an ellipse.

5.4.4 Condenser Water Circulation Svstem.

The pumped water circulation rate through the condenser was controlled by taking readings from
the variable-area flowmeter and making manual adjustments of a globe valve fitted at the

condenser outlet. The inlet water temperature to the condenser was controlled by automatic
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adjustment of the water thermostatic control valve. Rise of water temperature at the inlet to the
condenser caused the water temperature control valve to open and divert the water flow to the
water outflow tank. Cold water added to the water storage tank reduced the condenser inlet water
temperature.

It was found that modulation of the water temperature control valve affected the pressure drop
through the water circulation system and therefore affected the rate. This necessitated frequent
checks to be made of the water flow rate. Modifications to this arrangement were needed when the
heat pump was rebuilt for tests involving the environmentally friendly refrigerants.

Heat losses from the water storage tank and the pipework caused the amount of water flowing to
the water outflow tank to be very small. The control valve was characterised for linear flow
control, however, this was found to be oversized and lacking in valve authority. As a result of this,

frequent readings of the water circulation rate and temperatures needed to be taken.

5.5 REFRIGERANT COMPRESSOR - THERMODYNAMIC PERFORMANCE

Domestic heat pumps used for space heating are most frequently fitted with a hermetical
compressor. A major advantage of this type of compressor is that a large proportion of the heat
given off by the electrically driven motor is retained in the refrigerant. A small proportion of this
heat transferred to the compressor suction is lost by heat emission from the outer shell, but in the
open type compressor the whole of this heat would be lost to atmosphere.

A hermetically sealed compressor gains useful heat energy input to the compressor suction, but
also introduces an additional series of physical actions into the refrigeration cycle that otherwise
would not need to be considered. The temperature and pressure at which the refrigerant enters the
inlet valves would normally be known, as in the open tyvpe compressor, but with a hermetically
sealed compressor, the values known by the designer are those at the inlet to the compressor shell.

These features of the hermetically sealed compressor may have a minimal effect on the heat pump
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performance, but it should be kept in mind that they do exist. Due to the physical design of the
hermetically sealed compressor, the manufacturer's performénce test data is normally based on the
physical conditions of the refrigerant entering the outer shell of the compressor.

In order to properly design other operative units within the thermodynamic cycle, the refrigerant
mass flow that will be produced by the compressor needs to be known. This can be acquired by
firstly calculating the flow volume at the compressor suction from which the refrigerant mass flow
can be obtained. Further information of the correlation between these values was supplied by
Faithfull [50] in which volumetric efficiency of the compressor as a function of pressure ratio,
clearance volume and index of the compression process is given.

The compressor performance tests adopted by the manufacturer are based on the CECOMAF test
procedures, where, in place of the heat exchangers, a calorimeter is used. These tests are made
with a high level of superheat at the compressor suction. Test conditions of the manufacturer need
to be converted to the operating conditions required by the user, a procedure which, for domestic
heat pumps, would normally include a change of thermal output and a reduction in the compressor

suction superheat.

5.5.1 Manufacturers Performance Testing

The National Foreword' to British Standard Specification 3122, Part 2, states that due to the large
variation of applications and operating conditions for which refrigerant compressors are used, the
European Committee of Manufacturers produced a standard specification for performance trials.
This was not based on any practical application. The International Standard Specification
published by CECOMATF, applies to tests carried out at the manufacturers works and was intended
to provide test results of sufficient accuracy to assess the suitability of a compressor for any

refrigeration installation. Details of the EEC Committee that produced the International Standard
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Specification, the foundation, aims and members are to be found in the International Organisation
Year Book [51]. The test procedures are detailed in the International Standard ISO917:1989. The
equivalent British Standard Specification is BS5122 Part 1 and the procedures for presentation of
performance data 1s BS3122 Part 2.

In place of heat exchangers that are normally used in the heat pump construction, the compressor
manufacturer’s test procedures use a calorimeter to measure the performance of the compressor.
The calorimeter enabled the refrigerant vapour return temperature to the compressor and the liquid
temperature, to be the same as ambient temperature, that is 32°C. The intending user of the
compressor selects from the manufacturer's brochure a compressor output that can provide the
thermal performance, with refrigerant suction and delivery pressures, that are required. Also the
thermal output, as measured by the manufacturer’s CECOMAF tests needs to be the same as, or
near to, the output capacity required. The change of state conditions from the ‘measured
conditions’ as adopted by the compressor manufacturer, to the sought conditions by the user are
shown on the pressure enthalpy diagram in Figure 38.

For the study of change from the manufacturer's test conditions to those required by a user, a
range of evaporation temperatures between +15°C and -15°C were examined. The values adopted
for the refrigerant saturation temperatures were those given in the thermophysical property tables.
The fixed compressor suction temperature is 32°C, as shown in the manufacturer's brochure, an
abstract from which is shown at Figure 39. The superheat entering the 6ompressor shell is between
17K and 47K. The normal practice in the U.K. would be to design for the compressor suction of
5K superheat [52] to produce the optimum heatr pump performance and safeguard against liquid
entering the compressor cylinders. It is necessary, therefore, to convert from the manufacturer,s

test conditions test to the operating conditions required.
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Thermodynamic Performance of a Hermetically Sealed Compressor
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Based on the manufacturer’s test results, the selected fifteen sets of test conditions were transferred
to the pressure enthalpy chart shown at Figure 40. Also, Figure 41 shows CECOMAF test
conditions plotted against compressor pressure differential and refrigerant mass flow. The
objective of this exercise was to gain a clearer understanding of the manufacturer’s test conditions
and the conversion from these to those required by the user.

The compressor performance calculations of the selected test conditions are included at appendix
AS.1. Tables 8, 9 and 10 contain the individual calculations. Table 8, has five evaporation
temperatures -13°C to 15°C and the condensing temperature for all of these tests is 35°C. Tables
4 and 5 have the same evaporation temperatures but condensing at 45°C and 55°C respectively.
The mathematical procedures, as shown on Table 11, Appendix AS.1, detail the first set of results
on the first page, this being a typical calculation used for all the tests in this appendix.

All of the fifteen calculations in Appendix AS5.1 are at the manufacturer's test conditions, but
additional values of refrigerant mass flow, volumetric efficiency and isentropic efficiency are
calculated. An abstract from the manufacturer’s brochure on the method by which the compressor
performance provided by the chart to the conditions required by the user is shown in Appendix
AS5.2..

For all the calculations made in the above appendix, the thermophysical data of the refrigerant
used was taken at those conditions evident at the compressor shell inlet. All the physical or
thermal changes taking place inside the compressor shell were considered to be part of the
compressor operation. Tables of refrigerant R12 thermodynamic data used are given by Raznjevig

[36].
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The manufacturer's calculation procedures, referred to above, provide a method by which the
selection of compressor may be made, but before procuring the other components making up the
refrigerant cycle, it was found that a more detailed approach is required. Determination of
compressor capacity for varying operating conditions is only correctly obtained by study of the
combined effects of the factors governing the change, the principle factor in the change of
compressor performance being volumetric efficiency, from which refrigerant mass flow may be
obtained. It is stated by Dossat [53] that in laboratory tests, volumetric efficiency is primarily a
function of the compression ratio which remains practically constant, regardless of the operating
range.

The manufacturer's calculation procedures state that any change that takes place outside the
compressor has no influence on the quantity of refrigerant circulated and both the text and the
diagram, associated with this statement, show a decrease of superheat at the compressor suction.
This change of refrigerant temperature and, therefore, specific volume of the refrigerant is outside
the compressor and does, according to the theories advanced by Dossat, effect compressor
performance. Differences were found in the calculated heat pump capacity and volumetric
efficiency. This may be admissible for sizing the compressor, but when sizing the heat
exchangers, volumetric efficiency and refrigerant mass flow need to be considered further.
Calculations were made by ﬁrstly applying the manufacturer's data as shown in Appendix AS5.1
and then by following the principles of Dossat [53] as shown in Appendix 5.3, in that volumetric
efficiency and therefore refrigerant mass flow are varied and are dependent upon the compression
ratio.

For other designs of refrigerant compressor, for example an open compressor. this data would be
taken immediately prior to the inlet to the suction valve, but in the hermetically sealed
compressor, because the provision is not normally provided to measure temperatures and

pressures inside the compressor shell, location of the point of and that of the open compressor do
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not coincide. The added heat to the refrigerant after entering the compressor shell must affect the
value of volumetric efficiency, but providing that the temperature sensor is similarly located in
practice to that of the compressor trials, it must be assumed at this stage that this procedure is |
acceptable.
A graph of volumetric efficiency against compression ratio for the fifteen calculations in
Appendix A5.1, is shown in Figure 42. The regression curve is the average condition calculated to
theequation: Y= 100.2013 - 11.9967X + 1.3744X>-0.063889X°
Where: Y= percentage volumetric efficiency, and

X = compression ratio of pressure increase between the refrigerant inlet and

outlet connections of the compressor outer shell.

The manufacturer's calculation procedure of change of state, indicates no change of electrical
input to the compressor motor when the superheat is reduced from the CECOMAF test to the
normal operating conditions. A graphic representing this is shown at Figure 42. These calculations
follow those recommended by the manufacturer assuming that reduction of superheat does not
change the refrigerant mass flow through the heat pump cycle. These factors, along with others,
was studied in this chapter by reviewing the change of state calculations from the CECOMAF test
conditions compared to the those obtained in normal practice. The derived data has been obtained
using refrigerant R12. The refrigerant being considered in the next chapter will be the
environmentally friendly refrigerant R134(a). The methodology for obtaining data will still apply

for the new refrigerant.
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5.5.2 Conversion from Test Results to the User Conditions.

Heat pump performance calculated covered in Appendix AS5.3, are in two parts, the first based on
the CECOMAF conditions which are normally adopted by compressor manufacturers
performance tests. The second part calculates performance when superheat at the compressor shell
was reduced to 5K. The second calculation follows the theories detailed by Dossat, referred to
previously in this chapter, using the fixed relationships between compression ratio and volumetric
efficiency of the compressor. The fifteen calculations afe listed in Tables 12 to 15, the first three
tables cover the calculations, and details of the methods used are shown in Table 15.

Unless noted otherwise, the calculation and row numbers below, refer to Appendix AS5.2.
Procedures detailed by the manufacturer were followed, as shown in rows {8} to {12}. For the
purpose of these calculations, the refrigerant mass flow rate is not changed from those of the test
conditions. The reduced superheat calculated in rows (13) to (19). The values of refrigerant
specific volume at the compressor suction is shown to be reduced from that of the CECOMAF
performance tests to a superheat of 5K..

Calculations shown in rows {13} to {19} are based on the theory given by Dossat, were the
volumetric efficiency is a function of compression ratio. There is no change of compression ratio
and, therefore, in the refrigerant flow volume at the compressor suction, which is in keeping with
the publication by Dossat. The refrigerant mass flow shown in row 12, being that obtained in the
manufacturer’s performance tests is shown to be increased in row 16, that being calculated to be

obtained with 5K compressor suction.

5.5.3 Operating Conditions - Heat Pump Output Capacity

The change of conditions assumed for these calculations was that superheat at the refrigerant input

to the compressor shell was produced from the test conditions as SK superheat. In concurrence
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with the above, it was accepted that during the change to operating conditions, there was no
change of electrical input. In order that a understanding could be reached of the processes of
change of state and the quantity of refrigerant in circulation, an alternative approach to the

quantity of refrigerant circulated was made.

5.5.4 Compressor Volumetric Efficiency.

Calculation of the volumeiric efficiency following .the reduction of refrigerant superheat to 5K,
was established in appendix A5.3 by first following the manufacturer's method of calculation as
shown in appendix A5.2. and then by calculations on change of volumetric efficiency. The second
calculation takes into account the increased density of the refrigerant due to temperature reduction.
From these two calculations the differing volumetric efficiency is shown in appendix A3 between
the two calculations in the rows numbered {12a} and {23}. It follows that if the second
calculation is accepted, that in addition to the increased volumetric efficiency, the refrigerant mass
flow and thermal output of the heat pump is underrated in the first calculation.

It follows from the theory advanced by Dossat. that if there is no change of compression ratio,
there is no change of compressor suction volume. Reduction of the superheat at the compressor
suction causes an increased specific enthalpy of the refrigerant, which increases the anticipated

thermal output of the heat pump.

5.5.5 Influence of Lubricating Oil on Heat Pump Performance

Whilst the heat pump compressor is in operation. it is probable that lubricating oil is being carried
over from the compressor along with the refrigerant and passing through the heat exchangers. An
investigation into the effects of oil using a refrigerant R12 heat pump was made by McMullan,

Murphy and Hughes [34]. Abandoning of refrigerant R12 and the development of
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environmentally friendly refrigerants causes the experimental results of this research to be
outdated to some extent, but there are i'tems that are deserving of discussion.

There is a section in the above report that discusses the refrigerant mass flow rate. At the
beginning of this particular subject there is a statement that, “the refrigerant mass flow is the
product of refrigerant density and the compressor displacement.” This statement is followed by a
graph, based on the experimental results obtained from varying degrees of sﬁperheat at the
compressor suction and the resultant varying levels of reﬁ'igerant mass ﬂow. The results indicated
a linear relationship between the degree of superheat and refrigerant mass flow. The refrigerant
mass flow is reduced with increasing levels of superheat. During this particular trial, there was no
oil passing through the evaporator.

Reference is made in the above technical paper on the effects on the heat pump efficiency of high
levels of oil in circulation and low levels of superheat at the compressor suction. It is possible for
both the condenser and evaporator to act as heat rejectors with 25% oil in the refrigerant to oil

mixture and low levels of superheat.

5.5.6 Hermeticallv Sealed Compressors - Energy Flow inside Shell

In order to further study the performance of the hermetically sealed compressor, the thermal
actions as described by Dossat were considered in greater detail. The performance data used by
the manufacturer was obtained from the'plvllysical testing of the compressor with a high level of
superheat at the compressor suction. There are, therefore, two adjustments to performance of the
compressor to be made. Firstly, it was necessary to reduce the compressor superheat to SK and
secondly, to change operating conditions to match those of the user.

For the continued study of the hermetically sealed compressor a flow diagram of thermal reactions
inside the compressor shell is included at Figure 44. The compressor shell loses energy due to heat

emission to the surroundings, but before entering the compression cylinder, energy is transferred
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to the refrigerant from the motor windings. The energy input to the compressor may be divided
into three parts, firstly heat energy to the compressor suction, secondly to the heat emission from
the compressor shell and finally to the mechanical energy driving the compressor. Between the
discharge of the high pressure refrigerant from the compression cylinder and its discharge from
the outer shell, there is a temperature difference which allows heat to be transferred from the high
temperature to the low temperature liquid. In addition, heat is emitted from the metal parts of the
compressor to the low pressure refrigerant within the shell. This causes the recycling of energy
which is shown in the diagram labelled as high temperature heat transfer. The thermal processes
are shown within the boundaries in which they operate, namely, the compressor outer shell,
electrical motor, and compression cylinder. At this stage the diagram is not to scale as it was only

drawn to demonstrate an outline of energy flow.
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Within the compressor shell heat energy is conserved by flow from higher to lower temperature
refrigerant. Heat energy from the motor and compressor passes to the refrigerant and heat from
the high temperature side is recycled from the delivery back to the suction. To research fully the
thermal performance of the compressor, it would be necessary to insert a thermocouple inside of
the compressor shell. As this is not possible, it was decided that, when testing using refrigerant
R134(a), a thermocouple would be secured to the outer surface of the compressor shell. This

would enable a calculation of the heat loss to atmosphere to be made.

5.6 PERFORMANCE TESTS - TEST RIG USING REFRIGERANT R12.

Following the building, testing and setting to work of the test rig, a series of tests were made using
the water to water heat pump rig. Initially, all observations were made and recorded manually after
commissioning, however, temperature was measured and recorded using a ten point recorder.

Synchronisation between the temperature scan and the manual recording of the observations were
made by keeping a record of the time. The temperature scan was normally set to operate at five
minute intervals and the manual readings were made to coincide. The positive benefits obtained
from this part of the research were gained mainly from the practical applications of the previously
known basic procedures. The thermodynamic performance data obtained had little originality and
was, therefore, of little benefit to this research. A clearer understanding was obtained in the
practical understanding of the operation and control of domestic heat pumps in general and of the

compressor performance in particular.

5.7 CONCLUSIONS - HEAT PUMP DESIGN, CONSTRUCTION AND OPERATION

The test rig, using refrigerant R12, was designed, built, commissioned and operated with the
object of research for items applicable when using the environmentally friendly refrigerant

R134(a).
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5.7.1 Obstacle found whilst building the test rig.

Whilst building the test rig, due to the compact arrangement of the refrigerant pipework, it was
found necessary to braise the pipe joints. 'I'he movement whilst heating and cooling caused
recurring joint leakage when using vcompression fittings, otherwise, after solving the refrigerant
leakage problem, the test rig operated satisfactorily. |

5.7.2 Safeguards whilst heat pump was in operation.

The high pressure cut off safety control opefated in accordance to the designed safety procedures,
so that, at no time was the high pressure relief valve caused to operate. An added item towards the
safe operation of the heat pump were the two sight glasses. Firstly, whilst commissioning the test
rig, a watch was kept on the sight glass at the compressor suction so that liquid was not carried
over into the compressor shell. Also, whilst the heat pump was in operation, the refrigerant
leakage losses could be quickly observed, because the sight glass on the outlet from the evaporator
would not be running full of liquid.

5.7.3_Control of compressor suction superheat.

Control of the superheat was made by the temperature adjustment screw on the thermostatic
control valve and by fitting varying sized orifices see Figure 16. No difficulty was experienced in
adjustment of superheat, but at all times the danger of liquid refrigerant entry into the compression
cylinder was kept in mind, and avoided.

For the hermetically sealed compressor to be controlled in the same way as for an open
compressor the suction temperature control would need to be installed inside the compressor
shell, adjacent to the compressor suction valve. In practice, this is not the case, as the location of
the temperature control sensor is normally mounted on the pipework immediately prior to entering
the outer shell of the compressor. After passing the temperature sensor, the refrigerant is subject

to a temperature increase before entering the compression cylinder.
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5.7.4 Manufacturer's test procedures.

The CECOMAF test procedure adopted by the compressor manufactuer mounts the compressor
mcﬁon temperature control sensor at the inlet to the compressor shéll. Tests were made with
superheat conu'oi temperatures varying from 17K to 45K, dependent on evaporating temperatures.
Refrigerant temperature is increased further by heat transfer from the motor windings before
entering the compressor chamber with a heretically sealed compressor.

Further research needed to be undertaken on the energy distribution inside the compressor shell. It
would appear that the calculation procedures proposed by the manufacturer for change of state,
are intended for that purpose and no more. The calculation of refrigerant mass flow for design of

the heat exchangers must be subject to other mathematical procedures.

5.7.5 Change of state calculations.

Additional superheat gained by heat transfer from the motor windings increases the specific
volume of the refrigerant entering the compressor. In the normal operation of the heat pump,
superheat is controlled at 5K, at the refrigerant entry to the compressor shell. Invariably, therefore,
the change of state calculations will include this reduction of superheat, but also an increase of
energy per unit volume of refrigerant, for a domestic heat pump.

For example, at a pressure of 1.47 bar(abs) with a saturation temperature of -20.7°C the vapour
rétuming at 32°C, will produces a superheat at the inlet to the shell of 52.7K. This would normally
be reduced to 5K in normal practice. Reduction of superheat at the compressor suction does not
produce any change of compression ratio and therefore the compressor suction volume remains
unchanged. Energy variation per unit volume, based on unit volume of refrigerant, is calculated as

follows:

109



Laboratory research - heat pump test rig, refrigerant R12

From: Heat Energy at 32°C = 52.7K Superheat
595.66 kl/kg x 7.1588 kg/m®> = 4264 kJ/m’

To: Heat Energy at -15.7°C = 5K Superheat
567.00 kJ/kg x 8.632kg/m* = 4894 KJ/m®

Due to the reduction of superheat, there is a consequential reduction of enthalpy from
595.66 kJ/kg to 567.00 ki/kg, which reduces the energy input fo the compressor. The temperature
reduction also produces a higher density refrigerant, which increases density from 7.184 kg/m’ to
8.632 kg/m’. Reduction of enthalpy reduces the energy flow by 4.7 % but increase of the
refrigerant mass flow reverses the loss to a gain of 14.7 % at the input to the compressor.

Due to a lack of funds, there was no refrigerant flow meter available to be fitted to the R12 test
rig. As a result of this, the refrigerant mass flow was calculated by equating the electrical energy
input to the compressor to the enthalpy gain across the compressor to determine the mass flow
rate.

Heat losses to the atmosphere from the compressor shell are not included at this stage, because of
the lack of performance data obtained from the laboratory trials. Provision for this will be made in
the next chapter when a thermocouple was fitted to the compressor outer shell. In order to obtain
the temperature of the refrigerant within the shell, the thermocouple was enclosed by thermal

insulation material.
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TER 6 LAB Y EARCH - DESIGN OF MODULAR HEAT P

6.1 INTRODUCTION.

The change over from refrigerant R12 to R134(a) was carried out successﬁﬂly.‘ The
environmentally friendly refrigerant R134(a) and a matching compressor beéame available and
were used for the remaining research. Using this newly introduced refrigerant, a modular designed
air to water heat pump for the space heating of domestic dwellings was invesﬁgated. The objective
of this was to provide an improvement in the seasonal performance of the heat pump by reducing
energy used in the on/off cycling, whilst matching the heat pump output to meet the space heating
load.

The heat pump test rig previously built for refrigerant R12 was completely dismantled. Using the
supporting frame and condenser from the redundant test rig, a heat pump suitable for the
environmentally friendly R134(a), was designed, built and commissioned. Whilst making the
above changes, the heat source for the heat pump was also changed from water to atmospheric air.
Parts of the refrigerant R12 test rig that were nominated for reuse were both physically and
chemically cleaned. The controls and instrumentation were properly checked for accuracy before
being fitted. Preliminary tests were made, after which, the test rig was loaded into the
environmental chamber.

Laboratory research was made to simulate one of a number of modular units that in practice
would operate in parallel. Following on from the study of heat pump performance made in chapter
5, the tests in this chapter included a thermocouple that was placed on the outer face of the
compressor shell to enable an assessment to be made of the energy distribution within the

compressor shell and the thermal conditions of the compression process.
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On completion, commissioning and loading of the heat pump test rig into the environmental
chamber, the next objective was to make a full analysis of the energy gain and loss, individually,
by air, refrigerant and water.

Exhaustive efforts were made into the calculation of a thermal balance between air, refrigerant and
water, but satisfactory results could not be obtained. Following repeated calculations it became
evident that an alternaﬁve approach needed to be made.

The instrumentation used for. recording the modulation of temperatures and pressures of the
refrigerant, were checked before installation. The meter measuring electrical input to the
compressor had also been checked before installation. The above instrumentation enabled the
heat pump performance to be measured throughout the whole refrigerant cycle. Refrigerant mass
flow was obtained by calculation described at the end of the previous chapter, clause 5.75, chapter

5.

6.2 THE AIR TO WATER HEAT PUMP.

In order to illustrate the design principles being considered, a diagrammatic arrangement of one
possible layout using four modular units operating in parallel is shown in Figure 45. The water
circulation system for three modular units is shown, the refrigerant circulation for one modular
unit only is shown. The next stage of testing was to determine the characteristics of a single

modular unit using an air to water system. At this stage, the refrigerant was changed to R134(a).
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Refrigerant R12, was widely used when the move to HFCs, environmentally friendly refrigerants
including refrigerant R134(a), became more widespread. Pressures to make the change were
gradual over an extended period at the start, until it became clear to most of the world's
governments, that acceptance of change was essential. Once that change b¢came inevitable,
pressures were put upon the chemical and engineering industry to préduce and develop the use of
environmentally friendly refrigerants in the shortest possible period of time. The latter part of the
laboratory research for this thesis was undertaken at the latter stages of the development of
refrigerant R134(a). This refrigerant was accepted in general use with the knowledge that the
global warming potential was less than a tenth of that of refrigerant R12, but there was still some

anxiety and doubts regarding the use of HCFC refrigerants in the long term.

6.2.1 Development of Refrigerant R134(a)
Events leading to the adoption of refrigerant R134(a) in place of the established refrigerant R12

started in earnest in 1974 at the University of California, when CFCs were linked to a depletion of
stratospheric ozone. An international agreement in 1987, the Montreal Protocol, ratified these
concerns and called for a freeze in the production and consumption of CFCs [55]. The meeting in
1993 at Copenhagen brought forward the ban of CFCs from the year of 2000 to the 1st January
1996 [56].

Replacement by HCFCs by HFCs as refrigerants was not considered by some to be a satisfactory
solution to the environmental damage problems. The UK Government legislated that the use of
HFCs were to be reduced to 1990 levels by the year 2000 [57].

Objectives of this research were discussed with the refrigerant manufacturer who recommended

the use of Refrigerant R134(a).
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Gu Refrigerants and the Gu Thermodynamic Cycle

The Gu refrigerants have been developed to operate in conjunction with the Gu thermodynamic
cycle to replace the refrigerants now being used [58]. This was produced over a number of years
by research, with the objective of producing more environmentally friendly plant operation and
increased thermal efficiency from both refrigeration and air conditioning plants.

In order to assess the level of atmospheric contamination on the Gu cycle when compared against
established refrigerants, ft was proposed that a worksheet be produce to compare values based on
‘Total Equivalent Warning Impact’ (TEWI). The calculated value of TEWI is the sum total of
both the direct and indirect effects. Direct effect is based on the annual refrigerant loss by leakage,
multiplied by the GWP. The indirect effects are based on the plant efficiency and annual powelr

consumption.

6.2.2 Thermodynamic Properties of Refrigerant R134(a).

A consideration of the performance of environmentally friendly refrigerants was found in the
technical paper Experimental Performance of Ozone-Safe Alternatives [59]. This paper lists the
global warming potential of CFC and Alternative Refrigerants. The following data was extracted

from Table 1 and Table 3A of the above technical paper;

Refrigerant Formula COP.H GWP
R12 CCL,F, 2.32 3.10
R134(a) CF;CH,F 23 0.30

Where;
COP.H = Coefficient of Performance - Heating.

GWP = Global Warming Potential. (R11 = 1.0, Scientific Assessment of ozone: 1989)
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From the above test results the thermodynamic performance appears to show little difference
between R12 and R134(a), but the environmentally harmful effects of R134(a) were reported to
be a tenth of the harmful effects of refrigerant R12.

Industrial change over to the use of environmentally friendly refrigerants was undertaken by
manufacturers under the pressure of demands for quick results. Decisions as to the type and
chemical composition of the environmentally friendly refrigerants had to be finalised first.
Thermodynamic properties of the liquid, vapour and superheaf states needed to be properly
designed for their use.

Thermal properties of refrigerant R134(a) were issued by the manufacturer, but a number of
revisions had to be made. Clearly the data had been produced quickly, but with too much haste at
the cost of a reduction in accuracy. Repeated updating of the thermodynamic data became a
difficulty, but finally the data was distributed on a computer disk. This provided a quick method

by which data could be loaded into the computer.

6.2.3 Compressor

The compressor used was hermetically sealed and generally similar in basic design to that used for
R12, described in Chapter 5, other than it's suitability for use with the refrigerant R134(a). The

compressor used was a Danfoss SC15GH, code number 104G8560, displacement 15 3cm’frev.

116



Laboratory research - design of modular heat pump

Manufacturer's CECOMAF Test Results:

Condensing temperature: 55°C
Ambient temperature: 32°C
Suction gas temperature: 32°C
Liquid temperature: 55°C
220 V. 50Hz.

Fan cooling at 32°C Ambient Temperature.
Heat output = capacity + power consumption.

Capacity Watts.
Evaporating Temp: °C -15 -10 -5 0 +5
Capacity : Watts 435 570 730 900 1140

Power Consumption: Watts 420 575

Power consumption was given only for evaporating temperatures -10°C and +5°C. Other values,

were assumed to be in a linear relationship to those given.

6.2.4 Condenser

+10

1420

+15

1730

The condenser used previously for R12 was cleansed from contamination left from previous use

by using the Retrofit Flushing Programme, specified by the refrigerant manufacturer. The cleanser

used was Hexene which involved vaporised toxicity hazards from the acid, which were a danger if

inhaled or to the eyes and exposed skin. The cleansing procedures were discussed and agreed in

detail with the University Safety Officer prior to action being taken. The whole action, including

the disposal of the used acid, was safely completed. The cleansing procedure was performed by a

Senior Technician of the university staff in the presence of and to the complete satisfaction of the

Safety Officer.
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The manufacturer's R12 System Retrofit was used prior to loading Ester KLEA134(a) refrigerant,
with the object of cleansing any contamination of the condenser and in particular to remove the

mineral oil.

6.2.5 Condenser - Water Circulation System

Dun'ng the previous R12 heat pump test programme, it was found that operation of the water
temﬁérature control valve adversely affected the pressure drop through the system. This caused
variations of the mass flow rate. When the R12 test rig was in operation the water flow had to be
frequently reset by manually adjusting the globe valve. For continuity of the tests it was desirable
to maintain constant flow, and, therefore, the globe valve was replaced by a needle valve and an
automatic temperature control valve was fitted to regulate the inlet temperature to the condenser.

To overcome the problem of stabilising condenser water flow a water separating tank was
installed into the system, as shown in Figure 46. High water temperature at the condenser inlet
caused a proportion of the hot water flow to be drained off to the overflow tank. Cold water make
up reduced the water temperature in the water storage tank. Electric immersion heaters were fitted

into the water storage tank to reduce the heat up period on start up.

6.2.6 _Evaporator

In addition to the change of refrigerant from R12 to R134(a), the heat pump evaporator was
changed in design from water to air heat source. This involved dealing with ice formation on the
air side of the heat exchanger. The complete heat pump construction was loaded into an
Environmental Chamber where air temperature and humidity were controlled. Previous laboratory

research had been chiefly directed towards steady state operation of the heat pump.
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The evaporator heat exchanger coil was mounted inside a rigid plastic container. Air intake was in
the end, at high level in the container, passing down over the heat exchanger coil. The outflow
from the evaporator discharged in the direction of the compressor. Air discharged from the
evaporatdr container was utilised as supplementéry cooliﬁg‘of the compressor outer shell. The air
flow was activated by an axial flow fan at the air inlet to the evaporator. Air flow volume was
controlled by a hand operated damper at the air outlet. Plate P1 shows thé test rig before being
transferred into the test chamber. A schematic diagram of the major compo