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STRUCTURE AND DESIGN OPTIMISATION OF COMPOSITES FOR NOISE
SUPPRESSION IN VEHICLES

MATTHEW K. LING

Multi-layered noise control systems are used worldwide in the auto-
motive industry to control vehicles interior noise quality. These
composites, which include moulded, and slabstock, polyurethane foam
cored carpet systems, are intended to attenuate the ingress of
airborne noise and suppress the radiation of structure-borne noise.
However, little information has been published on their performance
characteristics and the optimisation of their design.

This thesis reviews previous theoretical work on the dynamics of
panel vibration and the airborne acoustic insulation and the struc-
ture-borne isolation provided by composite systems. Mathematical
models are developed for the acoustic behaviour of unbonded multi-
layer foam cored carpet composites as experienced on the experimen-
tal test rig. The models identify the important material and system
parameters governing behaviour. These models, together with experi-
mental evidence are used to optimise the design of the polyurethane
foam core and rank the foam materials in order of performance. The
experimental and theoretical studies are not intended for vehicle
interior noise prediction purposes.

The experimental facility uses a horizontal steel test panel, 1mm
thick, about 1mxlm, and provides acoustic and vibration excitation.
Data are obtained for the effective damping (loss factor) of the 4C
panel and the insertion loss (IL) of foam cored composites for both
vibration and airborne excitation. The intensity method was used to
measure the transmitted noise. The precision of the insertion loss
measurements was shown to be better than 1.7dB for frequencies below
4kHz. For airborne excitation reproducibility was better than 1.5dB
(£<2kHz). For vibration excitation the reproducibility was less.
This was attributed to the coupling method used. Experimental and
theoretical studies are divided into three sections: (i) loss fac-
tors, (ii) vibration insertion loss and (iii) airborne insertion
loss.

Particular attention is given to airborne insertion loss since the
precision of measurement allows a detailed analysis to be made. It
is shown that IL passes through a minimum governed primarily by the
modulus and thickness of the foam core and the surface density of
the septum and steel substrate. The level of the IL depends in a
complex way on material and design parameters, including the damping
of the foam core. The damping of the septum mass is shown to have
little effect upon behaviour.

The design optimisation procedure described in the thesis takes
account of the loudness of vehicle interior noise at relatively high
frequencies (£>500Hz) and the annoyance of discrete tonal noise at
relatively low frequencies. It is shown that for a particular inci-
dent noise spectrum the carpet composite can be designed to provide
the most acceptable noise quality in a vehicle. For a typical large
volume production vehicle the optimum resonance frequency is pre-
dicted to be about 300Hz. Ways of achieving this frequency with
different combinations of design parameters are described.
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Panel side length

Equivalent room absorption

Incident and transmitted pressure amplitudes
Panel vibration constants

Bending stiffness

Velocity of sound in air

Velocity of flexural waves

Velocity of longitudinal waves

Thickness of foam layer

Ratio of elastic moduli

Storage modulus .

Complex modulus, E =E'(1+j1)

Frequency

Critical frequency

Band centre frequency

Resonant frequency

Force '

Surface pressure-intensity field indicator
Global pressure-intensity field ind%cator
Acceleration due to gravity 9.81ims™#
Radiation efficiency variables

Mode frequency variables

Panel thickness

Ratio of layer thicknesses

Layer thicknesses

Mode frequency variables

Intensity

Residual intensity

Incident and transmitted intensity
Intensity reference level

Complex operator -1

Wave number

Error factor (intensity measurement)

Bulk stiffness modulus (complex)

Bulk stiffness modulus (real)
Integer variables

Dynamic capability index
Insertion loss

Surface or area density (kgm~
Panel surface density
Septum surface density
Effective system surface density

Total mass of system

Pressure wave

Bulk elastic coefficient for porocus material
Flow resistivity

Approximately 1.2R,

Transmission loss of composite
Transmission loss of steel

Panel area

Time

Thickness

Glass transition temperature
Reverberation time

Particle velocity

Panel perimeter
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vy Space time average mean square velocity

w Transverse displacement

Wrad Power radiated

X Axial direction

X1, Ko Transmission functions

Y Porosity

Zg Specific impedance of air

29, 29, Zg, 24 Impedance of composite layers

Z Terminating impedance

a Panel mode variable

L Loss factor

Y Ratio of specific heats

T Propagation constant

€ Error

5pIO Residual pressure-intensity index
SpI Local pressure-intensity index
API Global pressure-intensity index
) Partial differential operator

8 Angle of incidence

N Wavelength

Ao Critical wavelength

s Pi = 3.141..

o] Phase angle

Jo Density

Pg Density of air

o Complex density of PUR foam
Ptot Total density of foam structure and septum
v Poisson's ratio

Orad Radiation efficiency

T Transmissibility coefficient

) Rngular frequency

Q Non-dimensicnal frequency factor
DMS Dynamic Mechanical Spectrometer
DMTA Dynamic Mechanical Thermal Rnalysis
FEN Finite Element Model

HHF High Hysteresis Foam

HR High Resilient (foam)

IL Insertion Loss

MDI Diphenylmethane-4-4-Diisocyanate
PUR Polyurethane

SEA Statistical Energy REnalvsis

SEM Scanning Electron Microscope

SPL Sound Pressure Level

SRI Sound Reduction Index

TDI Toluene Diisocyanate

TL Transmission Loss

VE Viscoelastic

VIBIL Insertion Loss for vibration excitation
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1. INTRODUCTION

There has been increasing concern in recent years, throughout the
automotive industry, of the importance of interior noise and its
effect upon vehicle occupants. Multilayered noise control systems
are widely used in production vehicles to reduce interior noise
levels. Traditionally, these systems have fibrous felt cores but
increasingly moulded polyurethane (PUR) foam backed carpets are
being used. They>provide the manufacturer with a single unit moulded
car carpet, enabling easy and cheaper installation. However, little
information has been published on their performance characteristics

or their design optimisation.

This thesis reports on work that examines the theoretical and exper-
imental response of these foam cored carpet systems, in order to
identify the factors that affect system noise insulation perform-
ance. Evaluation of the noise insulation characteristics of the
composite is insufficient in itself to assess performance for vehi-
cle noise control because design optimisation of the system is not
possible without consideration of the vehicle noise spectrum and the

response of the occupant to the noise.

Whilst this work is concerned with the control of noise radiated
into the vehicle compartment, no attempt has been made to predict
vehicle interior noise levels. The final interior noise level and
spectrum results from a combination of all the noise control meas-
ures being used, the particular configuration of mechanical compo-
nents and the compartment geometry. It is thus outside the scope of

this project. However, the general concepts of vehicle noise and



vibration are discussed.

This chapter begins with a discussion of the acoustical and vibra-
tional characteristics of vehicles. Noise and vibration sources are
identified and methods for interior noise control reviewed. In the
final section the scope of the work is presented, and the theoreti-

cal and experimental methodologies described.

1.1 Acoustic and Vibration Characteristics of a Vehicle Compartment

The acoustic characteristics of a vehicle compartment are extremely
complex. The geometry of the vehicle compartment causes cavity
resonances, i.e. standing waves are created laterally and longitudi-
nally. These cause a fluctuating sound level, consisting of high and
low pressure levels (Priede, 1970, Raff et al, 1973). Careful design
of the compartment is required to ensure that the nodal points (i.e.
pressure minima) occur in the plane of the head position. Analysis
and design is normally carried out using the finite element metbod
(FEM), (Craggs, 1972, 1986, 1988) or more recently by statistical
energy analysis (SEA), (Walsh et al 1990). The principle resonances
for a car are in the region of 80-90, 130-140 and 150-160 Hz (

Priede et al,.1970).

The vibrational characteristics of a vehicle compartment are also
complex and differ between cars and heavy goods vehicles (HGV). In
a car the vehicle cavity forms an integral part of the vehicle
structure, and is thus subjected to many stresses and forces. A

truck has a cab which is a self-contained unit and placed on the



Structure
Borne

load bearing chassis. The work by Priede (1971) and Talbot et al
(1975) has shown that for a car the dominant cavity vibration is
caused by ring modes (nos. 2, 3 and 4) which produce the body reso-

nances in the 80Hz region.

1.2 Characteristics of the Noise and Vibration Sources in Vehicles

Noise entering a vehicle can be divided into two categories (a)

airborne and (b) structure-borne. This is shown in Fig. 1.

Airborne Noise

Airborne Noise

Fig. 1 Noise and vibration transmission in a vehicle

Rhodes (1988) reported that below 500 Hz the structure borne noise
is the dominant component, whilst above 500 Hz the airborne noise is

the dominant contributor to interior vehicle noise.

Airborne noise arises from the engine, road/tyre and aerodynamic

noise. The structure-borne noise originates from vibration caused by

w



excitation forces transmitted through the suspension mounts. This
vibration is then re-radiated from the car panels into the compart-
ment. A typical internal noise spectra for a small saloon car is

illustrated in Fig. 2.

80 T T L B T L AR A N N W

70 | .

Position)

60 [ ]

30 7

SPL (dB)

30| N -

(at Passenger’s Ear
5
{

20 ] ] TR S S B | | | [N S S B S
100 1000 10000

Frequency (Hz)

Fig. 2 Typical interior noise spectra in saloon car (4500 r.p.m.)

The dominant source that needs to be considered is the engine noise.
The sound level generated depends upon a number of parameters. These
are primarily engine speed, engine capacity and engine load (Priede,
1971, Jha, 1976). The engine noise consists of discrete frequency
components due to combustion noise. The frequency values are related
to the engine speed E, and are given by LE, E, 2E, 4E Hz; where E is
the engine speed in revolutions per second. For an engine speed of
4500 r.p.m. the principal components occur at 37.5, 75, 150 and 300
Hz. It is the discrete component nature of the engine combustion
noise that also makes it the most subjectively annoying to the

vehicle occupant. The situation is further complicated by the fact



that these frequency components coincide with the principle cavity
resonances. This causes the resonant modes to be excited and results
in the characteristic low-frequency vehicle 'boom'. RAerodynamic and
tyre/road noise are broadband sources. They do not contribute great-
ly to interior noise annoyance, the noise principally affecting
speech intelligibility. The response of the vehicle occupant to
noise is discussed further in Chapter 6. A typical sound pressure
distribution within a car compartment is shown in Fig. 3. It is seen
that the principle radiating surfaces are the bulkhead and the

transmission tunnel.

ROOF

Dashboard

83
20 l ™-J Transmission

,\_{,\_’—F’?
Bulkhead 2 Tunnel
FLOOR PAN

Fig. 3 Internal sound pressure distribution in a saloon car (after

Gahlau, 1987)

1.3 Control of Interior Vehicle Noise

This can be carried out by three approaches. All three methods can

be applied together as part of a complete noise control package.



1.3.1 Reduction of Noise at Source

Careful design of automotive components e.g. engine and drive-train
enable source noise to be reduced. Recent developments have been
reported by Priede (1985), Richmond et al (1987), and French (1989).
The majority of analysis and design of components is through the use

of finite elements to model the vibrational behaviour.
1.3.2 Reduction of Noise Within Vehicle

This can be achieved by introducing acoustic absorbents into the car
compartment. These take the form of the headliner, carpet and other
trim items. The aim is to reduce the reflected acoustic energy and
thus the overall sound levels. The design of the cavity is also
required to obtain optimum shape. The work by Craggs et al (1989)
reported that an absorptive lining would cause a change in the
damping factor. Craggs also found that the absorptive lining was not
reactive, such that damped waves were propagated in the lining
affecting SPL's in other cavity locations. This causes a shift in

the resonant frequencies of the enclosure.

If control of interior noise is targeted towards the most subjec-
tively annoying part of the internal noise, i.e. the cavity reso-
nances and the engine combustion noise, the technique of active (or
adaptive) noise cancellation can be used (Elliott et al, 1988,
Nelson et al, 1987). The method relies on the deterministic nature
of the noise signal enabling the characteristic of the signal to be
predicted. By the introduction of a sound wave in antiphase, the

noise is reduced. In a vehicle this can be carried out using the car



stereo system (Tyler, 1990). Research in the area of active noise
control is being applied to panel vibration, thus being relevant to

vehicle panels and bulkhead vibration (Pan et al, 1990).
1.3.3 Reduction of Transmitted Noise and Vibration

Careful design of vehicle components (i.e. engine mounts and suspen-
sion) can reduce transmifted vibration. This requires examination of
the basic system response e.g. Hemingway (1986). Vibration can also
be reduced by active (adaptive) engine and suspension mounts (Ser-

votest, 1988, Foag, 1989).

Airborne noise enters the vehicle compartment through the panels and
the bulkhead. The introduction of sound reduction materials in the
sound path reduces the interior noise. This can be applied to the
floor-pan and the bulkhead. A typical under-carpet barrier system
was illustrated in Fig. 1. It consists of the steel floorpan, decou-
pling layer and a heavy layer. The carpet is placed upon the heavy
septum layer. The decoupling layer is made either from a fibrous
felt or a polymer foam. Increasingly, moulded units are being used
with water blown PUR foams. These are CFC free, and offer the oppor-
tunity of one step assembly, thus reducing costs, and provide the
acoustic engineer with the design flexibility needed to tailor the
composite to meet the needs of a particular type of vehicle (Ling et
al, 1991). With the latest moulded units, the systems are unbonded
to the floorpan. Little work has been published on the experimental
and theoretical behaviour of these systems to noise and vibration. A
better understanding of the system behaviour is required to optimise

the under-carpet treatment, thus providing higher noise reduction



with optimum use of materials.

1.4 Scope of the Work

The previous sections have discussed how vehicle interior noise is
the result of structural and airborne excitation from a number of
different sources. Reduction of this noise can be achieved by a
combination of improved vehicle design, noise control within the
compartment and reduction of transmitted noise and vibration. The
performance of three layered PUR cored composites used for this last

method is reported in this work.

The purpose of the work was threefold; (a) to develop theoretical
models that would predict the system behaviour (b) to investigate‘
experimentally the behaviour of under-carpet composite systems when
subjected to noise and vibration and (c) to optimise the system
design. By approaching the work in this manner the relationship
between material and functional properties would be established and
related to optimal composite design, resulting in new foam formula-
tions by the collaborating company. Improved under-carpet noise

control systems could thus be developed for the automotive industry.

1.4.1 Theoretical Methodology

The aim of the theoretical investigation is to examine the factors
that influence system behaviour. The two different types of system
excitation present in a vehicle require that two approaches are
taken; one for structure-borne excitation and one for airborne

noise. Rather than use transmission loss to characterise the sound



insulation performance of the carpet composites, system insertion

loss is used.
1.4.1.1 Structure-Borne Excitation

A number of workers (e.g. Cremer et al 1988, Ver et al 1988) have
shown for structurally excited panels that radiated noise is related
to panel vibration. Reduction of panel vibration is therefore poten-
tially a method of reducing vehicle interior noise. Chapter 2 devel-
ops the theory of Oberst (1954) to predict the influence on panel
damping of the foam composite. Empirical formaulae, based on Plunt's
data (1991) for system damping are then combined with a simple
lumped parameter model of the system to predict the vibration
response. By incorporating the expressions for vibration of point
excited panels given by Cremer et al (1988) , the radiated noise can
be predicted with and without the composite. The system insertion
loss can thus be predicted. The model is used with material data to
predict composite insertion loss. The data varies one material or
system parameter whilst keeping other properties constant. From the
predictions the influence of system and material design parameters

are identified.
1.4.1.2 Airborne Excitation

The principles of sound transmission are introduced in Chapter 2. A
model is then developed from the transmission line theory of Beranek
et al (1949) to predict the insertion loss of the composite when
subjected to airborne noise. By evaluating the layer impedances an

expression for the overall attenuation is obtained. The model is



used with material data to predict composite insertion loss. As with
the structure-borne excitation above, the predictions are obtained
with one material or system parameter varied whilst keeping other
properties constant. From these predictions the influence of system

and material design parameters are identified.

1.4.2 Experimental Methodology

The experimental studies were conducted to establish the validity of
the theoretical work. The development of a small scale test facility
to investigate the vibrational and acoustic characteristics of the
composites is discussed in Chapter 3. Existing facilities for the
measurement of transmission loss characteristics were considered
unsuitable. The test facility was designed to measure the insertion
loss and effective loss factor properties of unbonded, horizontal
systems. (Experimental composites were constructed from foam materi-
als supplied by the collaborating company). The facility consists of
a massive box with a steel panel in an aperture on the top surface.
Excitation is provided by either a mechanical shaker or a loudspeak-
er inside the sending chamber. Radiated noise from the panel or
panel and composite is measured using an intensity probe and 1/3
octave real time analyser. The use of intensity measurement mini-
mises restrictions on the laboratory sound field and environment
that would otherwise exist if sound pressure measurements were made.
Other material properties were obtained using the methods in Table 1

below. These are discussed in Chapter 4.

10



Property Method Comments

Dynamic Modulus BMW Resonance method

and Test piece loaded area
Loss Factor S0mmx50mm, 1<f<250Hz
Air Flow Resistance BS4443 Test piece circular

Radius=60mm

Table 1 Methods of foam core characterisation

1.5 Design Optimisation

Generally, design optimisation is the process whereby a system is
made to satisfy a set of criteria. The criteria might be to obtain
the ‘best performance' from a specific system (which means that the
term ‘best performance' needs to be defined). When an optimisation
procedure is applied to vehicle composites three factors need to be
considered. They are: (a) the vehicle noise spectrum (b) the insula-
tion of the composite and (c) the response of the occupant to the
noise. These factors are discussed in Chapter 6, where a general
optimisation model is developed, and design solutions made for a set

of criteria.

1.6 Experimental Materials

The experimental materials were supplied by the collaborating compa-
ny, ICI Ltd. The polyurethane (PUR) foams provided were viscoelastic
(VE), high resiliency (HR) and high hysteresis (HH). They were cold
cured, water blown and wholly MDI (4-4'-diphenylmethane diisocyanate

and 4-4'-diisocyanato diphenylmethane) foams. They were manufactured

11



to cover a wide range of mechanical properties (density, modulus
etc). The structure and mechanical properties of the experimental

~materials is discussed in Chapter 4.
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2. THEORETICAL

2.1 Introduction

To understand the behaviour of noise reduction treatments and
determine ways of optimising system performance it is necessary to
understand how noise is radiated by vibrating panels, excited either
by airborne acoustic noise or by structure-borne vibration noise,
and how this vibration and acoustic transmission path is influenced
by the foam composite. This chapter identifies the essential fea-
tures of structural vibration, vibration damping and sound transmis-
sion relevant to the system under investigation based on published
information. Theoretical models are then developed to predict the

insertion loss of multilayered panels.

When considering the vibration of structures and the radiated noise
it is necessary to identify the types of wave that exist and their
significance in the particular application under consideration.
This is the starting point of the review given below. It continues
by examining the parameters which govern the damping of panel
vibration and the acoustic power radiated by a point vibration
excited panel. These concepts are then combined with vibration
transmissibility theory to produce a simple model representation of
the insertion loss behaviour of a foam composite for a vibration
excited panel. The second half of the chapter concentrates on the
development of a mathematical model for airborne noise transmission
and the insertion loss of the viscoelastic foam composite. This is
based on the transmission line approach of Beranek et al(1949) and
other workers. Predictions of the influence of system design parame-

ters and foam material properties are given and these are compared

13



with experimental measurements in Chapter 5. The main purpose of the
two models developed here is to explain the behaviour observed with
the experimental test facility. This has been designed to rank foam
composites in terms of noise insulation performance and not for the

prediction of vehicle interior noise.

2.2 Waves in Structures

Four types of mechanical waves exist in a structure. They are:
longitudinal, shear, torsional and bending. Our interest is mainly
in radiated sound. This includes the case of transmitted sound,
where airborne excitation of a structure results in vibration and
subsequent re-radiation of sound at a different point. In the case
of a panel, airborne excitation will vibrate one side, transferring
energy into the panel. This causes vibration of the opposite side,
and subsequent re-radiation of the sound. There are many more flexur-
al modes than longitudinal modes in structures at low frequencies.
This means that little direct contribution is made to the radiated
sound by longitudinal, torsional or shear waves, e.g. Smith et al
(1965) and Cremer et al (1988). However, they can be important in
the transfer and redistribution of energy. Bending waves are thus
the most important in our analysis, as they couple more readily with
the incident sound field. The velocity of flexural (bending) waves
in a thin panel is given by;

B

Cg = 0’ [ ]% (ms'z) 1>

Mgy

where B is the bending stiffness (Nm)
mgq is the panel surface density (kgm
w=27f is the angular frequency, f is the frequency in Hz

_2).
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A thin panel is a panel where the effects due to wave types other
than bending waves can be neglected. This is the case where the
thickness of the plate is less than one sixth the bending wavelength
(Cremer, 1988). Where the thickness h=\/6 the error due to trans-
versé waves is 10%. Thus for the materials in this study, for a
thi&kness of 18mm the above equation is valid for frequencies below

2800Hz to an accuracy of 10%.
2.3 Free Harmonic Vibration of Panels

The behaviour of a steel panel is similar to any other mechanical
system in that when it is excited it‘exhibits many natural modes of
vibration, or resonances. These occur at frequencies specific to the
system. The mode frequencies depend upon factors such as geometry
(e.g. dimensions, boundary conditions) and material properties
(e.g. elastic modulus, panel density, Poisson's ratio). The most
exhaustive reviews of panel vibration are those carried out by
Leissa (1969, 1973, 1977), whilst a rigorous mathematical analysis
was made by Mindlin (1956). A simpler approach to obtaining the
system response is by treating the panel as many mass-spring-damper
systems. The superposition of the individual responses gives the
overall system response, Smith et al (1965). Initially we are con-
cerned with a knowledge of the modes of vibration. The classical

equation of thin plate motion is attributed to Love (1927);

>

BV% +m., — = O <25
1
S at2

where w is the transverse displacement,

74 = p2y?

B is the panel bending stiffness (Nm), B=Eh3/(l-v2),
E 1is Young's modulus,
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h is the panel thickness
v is the Poisson's ratio

32 32

The test facility described in Chapter 3 uses a rectangular panel in
its aperture, so the analysis here concentrates on the behaviour of
a square panel with all four edges clamped. There are in fact twen-
ty-one sets of boundary conditions that exist for a rectangular
panel. If a sinusoidal time response is assumed for free vibration

we obtain the Voigt (1893) solution;

W= [Amsin(kz—a2)%y + Bmcos(kz—uz)%y
+ Cmsinh(kz-cz)%y + Dm(kz‘az)%y]sincx <3>

where K4 = mslwz/B 0 o
and =mm/a m=1,2... (K*>a*)
By applying boundary conditions as explained by Young (1950), solu-
tions for this can be obtained. The fundamental frequencies of a
simply supported square plate of side length a are given by;

1 B
fon = — [—1%[(mm/a)2 + (nn/a)?] <4

T msl
The panel under consideration has all edges clamped (C-C-C-C). The
first mode frequency is given by Gahlin, the second by Leissa (1969)

and the remaining modes by Warburton (1954);

18 B L

fl,l = 2. [——]'2 <5>
Ta msl
BB |

f1,2 = 2. [_] <6>
2ra Mgq
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Qhrn Eg
£ = 0 1% 7>
48p (1-v?d

The non-dimensional frequency factor, Q, for a square plate is given

by;
2 _ ad -
Q% = 262 (VHH (1) 7 ) <8>

The variables in this equation are given in Table 2;

m,n Gy, Gy Hyo Iy, Hy o Jy B
2 1.506 1,248
3,4 m-k (m=3)“[1-2/(1-2/(m(m-%))]

Table 2 lMode frequency variables for clamped square plate

For the test panel in these studies the predicted mode frequencies
are as shown in Table 3. It is seen that the panel has a high number
of modes. These are often closely spaced e.g. modes (4,5) and
(6,1). This has implications for the measurement of panel 1loss

factor as discussed in Chapter 3.
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38.11 38.11
26.75 26.75
17.39 17.39
10.02 10.02
38.11 38.11
26.75 26.75
38.11 38.11
17.39 17.39
26.75 26.75
38.11 38.11
38.11 38.11

.50 4.66 4.66 2179.21 696.57
.50 17.39 17.39 2255.18 708.61
.50 26.75 26.75 2255.18 708.61
.50 38.11 38.11 2699.03 775.21
.50 10.02 10.02 2699.03 775.21
.50 26.75 26.75 3261.10 852.12
.50 17.39 17.39 3520.29 885.34
.50 38.11 38.11 3520.29 885.34
.50 38.11 38.11 4739.01 1027.22
.50 26.75 26.75 4739.01 1027.22
.50 38.11 38.11 6475.17 1200.73

m n Gx Hx Jx Gy Hy Jy Q2 Freq. (Hz)
1 1 : 11.48
1 2 (see text) 23.40
2 1 23.40
2 2 1.51 1.25 1.25 1.51 1.25 1.25 13.40 54.63
2 3 1.50 1.30 1.30 2.50 4.66 4.66 56.19 111.85
3 2 2.50 4.66 4.66 1.50 1.30 1.30 56.19 111.85
3 3 2.50 4.66 4.66 2.50 4.66 4.66 121.53 164.50
2 4 1.50 1.30 1.30 3.50 10.02 10.02 181.08 200.80
4 2 3.50 10.02 10.02 1.50 1.30 1.30 181.08 200.80
4 3 3.50 10.02 10.02 2.50 4.66 4.66 282.50 250.80
3 4 2.50 4.66 4.66 3.50 10.02 10.02 282.50 250.80
2 5 1.50 1.30 1.30 4.50 17.39 17.39 460.16 320.09
5 2 4,50 17.39 17.39 1.50 1.30 1.30 460.16 320.09
4 4 3.50 10.02 10.02 3.50 10.02 10.02 501.00 333.99
5 3 4,50 17.39 17.39 2.50 4.66 4.66 611.10 368.87
3 5 2.50 4.66 4.66 4.50 17.39 17.39 611.10 368.87
5 4 4.50 17.39 17.39 3.50 10.02 10.02 908.59 449,78
4 5 3.50 10.02 10.02 4.50 17.39 17.39 908.59 449.78
6 1 5.50 26.75 26.75 0.50 -0.07 -0.07 911.47 450.49
1 6 0.50 -0.07 -0.07 5.50 26.75 26.75 911.47 450.49
2 6 1.50 1.30 1.30 5.50 26.75 26.75 989.41 469.36
6 2 5.50 26.75 26.75 1.50 1.30 1.30 989.41 469.36
3 6 2.50 4.66 4.66 5.50 26.75 26.75 1203.34 517.62
6 3 5.50 26.75 26.75 2.50 4.66 4.66 1203.34 517.62
5 5 4.50 17.39 17.39 4.50 17.39 17.39 1424.62 563.21
4 6 3.50 10.02 10.02 5.50 26.75 26.75 1601.26 597.10
6 4 5.50 26.75 26.75 3.50 10.02 10.02 1601.26 597.10
1 7 0.50 -0.07 -0.07 6.50 38.11 38.11 1779.92 629.53
7 1 6.50 38.11 38.11 0.50 -0.07 -0.07 1779.92 629.53
7 2 6.50 38.11 38.11 1.50 1.30 1.30 1888.84 648,51
2 7 1.50 1.30 1.30 6.50 38.11 38.11 1888.84 648.51
3 7 2.50 4.66 4.66 6.50 38.11 38.11 2179.21 696.57
7 3 6.50 2

6 ] 5.50 4

5 6 4,50 5

4 7 3.50 6

7 4 6.50 3

6 6 5.50 5

7 5 6.50 4

5 7 4.50 6

6 7 5.50 6

7 6 6.50 5

7 7 6.50 6

Table 3 Mode frequencies for 0.87 x 0.87m clamped square plate

2.4 Damping of Panels

Damping is characterised by the loss factor, 1, which is the propor-
tion of vibratory energy lost per radian cycle of vibration. Panel

damping has been studied by a number of workers, e.g. Utley et al
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(1973), Ver et al (1988), and Cremer et al (1988). Measurement
techniques have been described by Plunkett (1959) and Zhu et al
(1989) and are discussed in Chapter 3. Damping of clamped panels is
due to three main factors. (1) Internal material damping. (2) Radia-
tion damping due to coupling of the panel vibrations with the sur-
rounding medium. This can be neglected where the medium is air,
Smith (1965) and Fahy (1985). (3) Boundary damping which is due to

energy losses caused by edge conditions and discontinuities.

Tarnoczy (1970) reported results for a steel plate (area=2m2, thick-
ness=2mm). For the steel plate with clamped edges the loss factor
decreased with frequency from a value of Tl=5x10"2 at 30Hz to
ﬂ=1.15x10_3 at 1 kHz. The attachment of a 5mm damping layer caused a
an increase in loss factor with frequency from 11=3x10"2 at 30Hz to
T\=9x10"2 atlkHz. Bies et al (1980) reported measurements on a pbint
supported steel plate (area=0.2m2, thickness=1mm). Loss factors
increased with frequency from 1=0.015 at 400Hz to 1=0.02 at 5kHz.
With the addition of a damping treatment, the loss factor similarly
increased with frequency. Their measurements also demonstrated that
damping values obtained from the reverberant decay method are
slightly lower than those from the steady state method. These dif-
ferences were thought to be due to the plate not being in steady
state equilibrium during reverberant decay. More recently Plunt
(1991) presented loss factors for carpet treatments using the power
injection method. Data was presented for two systems. The first a
steel + foam + septum of 7.5kgm_2, and the second of steel + foam +
carpet of O.Bkgm'z. The loss factor was observed to decrease with
increasing frequency. For the foam + septum values ranged from 1.0

at 100Hz to 0.7 at 2kHz. The foam + carpet gave values from 0.5 at
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125 Hz to 0.01 at ZkHz. The panel was framed, but it is not stated
whether the foam and septum were bonded to the steel panel. Plunt's
data for a 0.8mm steel panel were also presented. The values of loss
factor are higher than those of Bies and Tarnoczy, with a value of
approximately 0.07 over the frequency range. The results of Tarnoc-

2y, Bies et al and Plunt are compared in'Fig. 4.

1.000 T
:“N i 1 1L Clwed (Tar“mg) L

Free (Bies)

Danped (Tarnoczy)
Clamped (Plunt)
+Hoam+septun (Plunt)
+Hoan+carpet (Plunt)

L

71«1
4+ P x0

0.100

1 Ll i L1l

Loss Factor

0.010

N

— :
fa! - ]
0.001L ] | T t { | NN |

100 1000 10000
Freguency <{Hz>

Fig. 4 Comparison of measured loss factors for steel panels

The vibration of a panel can be reduced by the application of damp-
ing treatments. These take the form of spot treatments, where damp-
ing is applied to vibrational antinodes (i.e. where the velocity is
at a maximum). This works well for specific modes, but where many
modeé co-exist the benefit is reduced. This would occur, for exam-
ple, in the system being considered here as the excitation is by
random noise; where complete panel treatments need to be applied.

This was described by Oberst (1952), and Ross et al (1959). This can

20



be achieved by the attaching of a viscoelastic (VE) layer to the
panel, as illustrated in Fig. 5a. When the panel flexes, the VE
layer is subjected to extensional and compression deformation. This

causes energy to be dissipated, reducing the overall vibration

amplitude.
H, [ Ey n, Viscoelastic Layer
Hy Ef ny Panel

Fig 5 (a) Unconstrained layer damping

H 3 E 3 N3 Consfraining Septum
H, l Ey ny Viscoelastic Layer
Hy Eq ny Panel

Fig 5 (b) Constrained layer damping

The extra damping produces a system with a composite damping factor
given by;.
2

1 = <9>
1 + 1/(eyh, (3+6h,+4h%)

where 1, is the loss factor of VE layer
e,=E,/E,, the ratio of the elastic moduli
hy=H,/H;, the ratio of layer thicknesses

The composite loss factor thus depends upon geometry (i.e. hy), and

material properties (i.e. 1, and €y).
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The addition of a constraining layer on the viscoelastic material
introduces shear as well as the bending and extensional deformation
in the layers. This three layer system is similar to the composite
used in this work except the layers are bonded. It is illustrated in

fig. 5b. The composite damping is given by;

1,¥X
1+ (241)X + (1Y) (1+13)X2

The stiffness parameter Y is given by;

3
1+ e3h3 1
/Y = ——————5———— (1 +

) 11>

where the ratios e4=E4/Eq, h3=H3/Hl, h31=H31/H1 and H31=H2+(H1+H3)/2

The stiffness parameter,X is given by;

X = —= ( + ) <12>
k Hy EH E3H3

where k is the wave number k=2mw/\

The shear modulus 62 (Cremer, 1988) is:
62 = E2/2(1+V) <13>

where v is the Poisson's ratio. This equals approximately zero for
foams in compression and 0.25 when in tension (Hilyard et al, 1990).
For bending waves the wavelength is related to the bending wavespeed

from Egn. <1> by;

hp = [4n2B/Em 1174 <14>
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The bending stiffness, B is given by Nilsson (1990) as;
B = EqHo(H,—x)2 + E,(H3-3H2x +3H,x2)/3 + E,Hx2 <15
38233vH2 0 2312 270 270 1*1°0

where the neutral axis, Xg is given by;

2.5 Radiation Efficiency

The ability of a panel to radiate sound into a medium is described
by it's radiation impedance and radiation efficiency. The impedance
is a complex quantity. The imaginary part is frequency dependent;
but if the panel is radiating into air it's effect is negligible;
reducing the modal frequencies only slightly. However, radiation
resistance cannot be ignored, because the dissipated energy is often
of the same order as that dissipated internally, Smith (1965). In
practice, the radiation efficiency is easier to use than radiation
resistance. The radiation efficiency is affected by the panel dimen-
sions, and also the supports and constraints. If a stiffened panel
is used the radiation efficiency is increased, but the vibration
velocity may also be reduced, and thus greater sound radiation does
not necessarily result. Radiation efficiency, Orad’ is defined for a

panel by Ver et al (1988) in Eqn. <17>.

W

_ rad
Orad = T3 17>
pocos<v>
where wrad is the power radiated (W)

S is the panel area (m“)
<v>“ the space time average mean square panel velocity (m25—2)
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PCqo 1s the specific acoustic impedance of air (the product of
air density and speed of sound in air)

For a simply supported panel Ver et al (1988) give the expression

for the radiation efficiency as;

Opad = M2 91(0)/5 + U\, g (a)/S R <18>
8 (1-2a2)
where, gl(a) = “4 a(l—uz)% f(fc/z AP
(1-a?) 1n[(1*a)/(1-a)] + 2a
gy(a) = o (1a2)3/2 <20>
a = (£/£,)% <21>

For a panel with all the edges clamped, the radiation efficiency is
doubled, i.e. a clamped panel radiates sound twice as efficiently

than one with free edges.

Another expression for radiation efficiency given by Cremer (1988)
is in Egn. <22>. This is for a point excited, weakly damped panel.

U,
Oraq = —5— [£/E]% £<E, <22>
T8

2.6 Point Excitation

A point excited panel exhibits different behaviour from that of a
panel undergoing free (natural) vibration. The point excitation acts
as a power input. This input force excites bending waves which
propagate through the panel. If the system is infinite, they travel
indefinitely. If there are boundaries the wave energy is reflected
and combines with the incident wave energy to form standing waves.

Thus with many reflections and superposition of waves the result is
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a reverberant vibration field away from the excitation point, and a
direct, or near field close to the excitation point. If the panel is

lightly damped the reverberant wave field is the dominant one.

Panel behaviour is somewhat predictable. If the input is a sinusoid,
the velocity at a pafticular point will go through a series of
minima and maxima according to whether a natural mode is excited.
The dominating modes are the ones whose natural frequencies are
closest to the excitation frequency. The characteristics, (frequen-
cy, magnitude, phase etc.), of these displacement maxima and minima
depend upon the panel geometry, the excitation position, and the

position at which the response is determined.

2.6.1 Power Input by Point Excitation
The mechanical power input into a panel created by a point force is;

= 2
Wi = Frps Relz] <23>
where z is the input impedance of the panel, and is defined as the
ratio of the applied force and panel velocity. The input power is;
2
¢, h%) 24>

Wip = Frps2/(2.3 @

in rad

In this investigation the choice of using single point excitation
for structure-borne noise was made for three reasons. It is more
easily treated theoretically, and readily implemented experimentally
(McGary, 1986). Thirdly, in a vehicle the mounting of the primary

vibration sources (i.e. engine, suspension and drive-train) is
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closer to being point mounted than line mounted.

2.6.2 Sound Radiation by Point Excited Panel

As mentioned above the sound radiation from a panel into a medium is
governed by the radiation efficiency, which depends strongly upon
boundary conditions. The power radiated from a point excited panel
is given by Cremer (1988) in Egn. <25>. It is derived for the case
of an infinite panel. The effect of clamping the edges is to in-
crease double the radiation efficiency (Ver, 1988). The total radia-
tion is the sum of the contributions of the near-field and far-field

panel vibration .

_ pck® Flng 2
Wr‘ad = —-——zm-—z————' + pCS(V )Urad <25>
27w s1
Near-field Reverberant Field

F2

rms 1S the mean square exciting force

By substituting for o,.,4 and the equation between exciting force and

mean square velocity we obtain;

) 26>

This is independent of frequency except for ky. By examining this
equation Cremer states that the radiated power is only significantly
reduced by extra damping if 2%kS/U<1. For the steel test panel this
would mean that increasing the loss factor beyond 7=0.05 at 100 Hz
and 1=0.007 at S5kHz will have little effect on reducing sound radia-

tion. This has implications in the choice of PUR foams. High hys-
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teresis (HHF) foams have high loss factors (typically %>0.8) but are
more difficult to process. In contrast viscoelastic (VE) foams have
lower damping (typically %~0.4) but are easier to manufacture. Thus
the fact that above a certain level, (illustrated in Fig. 6), in-
creasing the damping will have little effect in reducing sound
radiation affects which PUR foam is best to use on grounds of proc-
essability. The other implication of the theoretical power radiation
equation above is that the system radiation becomes increasingly
dominated by the near field vibration rather than the reverberant

vibration field with increasing system damping.

0.100 T T T T T LN B B S O B
L
0 - J
-
U N
£

0.010 | S~ -
9 _ \ﬂ‘ﬂ&\ik\s ]
0 - .
0 i _
- S 4

- = TheoryCremer(1988) 1
0. 001 1 ! | ) 1! 1 1 | 1 ] { | !t 1
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Fig. 6 Upper limit of loss factor for minimum sound radiation

2.7 Transmission of Structure-Borne Noise through Composites

Within a vehicle the vibrating panels radiate sound into the com-
partment. The application of treatments reduce the radiated noise

components. It is therefore the radiated noise that needs to be
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predicted for modelling purposes. It was mentioned above that the
composite system can be modelled better when it is excited at a
single point. It is further simplified if it is represented by a
lumped parameter model. It is the performance of the composite that
is to be assessed i.e. the foam + septum, and not the whole system
(panel, foam and septum). This means that it is the insertion 1loss
of the system that is to be calculated. This also enables compari-
sons to be made more readily with measured results due to the meas-

urement procedure described in Chapter 3,
2.7.1 Insertion Loss
Insertion loss, Ly, is the difference in sound levels (measured in

dB) at a specified receiver position before and after a treatment is

applied, or a barrier is inserted. This is illustrated in Fig. 7.

X receiver level X receiver level
Iy Ly

X source X source
(a) Panel (b) Panel + Treatment

Fig. 7 Insertion Loss

The insertion loss is given by;

Lip =L - Iy (dB) <275

where, 1L; is transmitted level in the receiving room with the
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base panel alone, and L, is the transmitted level with base panel +

treatment.
2.7.2 Model Development

To predict the insertion loss of a system for structure-borne exci-
tation we need to examine the panel vibration. In Section 2.5 it was
stated that the noise radiated by a vibrating structure is propor-
tional to the mean square surface velocity i.e. Iov2. This is shown

by rewriting Eqn. <17> knowing that power is related to the intensi-

ty by;
W=18 W) <28>

where W is the power radiated (W)

and I is the intensity (Wm_z) radiated through an area § (mz).

The radiated intensity is given by;

I = 0p0g00F o<V 2 <295

This is the quantity that is therefore to be obtained. For the model
it is assumed that the radiation efficiency is the same for the
panel, and the panel+composite. If this assumption is made then the
insertion loss of the composite can be obtained from the ratio of
the velocities of the surfaces with and without the composite in

place.

The model representation (a lumped parameter model) is illustrated
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in Fig. 8. The mean square velocity of the driven panel without any
additional layérs is designated <v0>2. This panel velocity is re-
duced by the addition of the composite via the extra mass and damp-
ing. The panel vibration is now <v1>2. The vibration of the top
surface is <v2>2. The ratio <v2>2/<vo>2 gives the system insertion

loss.

X ZT My SEPTUM

Fig. 8 Lumped parameter representation of composite system

For a broadband excitation force Cremer et al (1988) derived for a
lumped parameter system a relationship between exciting force and
panel vibration response;

2 1,2

2
\% = - <30>
') 2

where ng is the mean square velocity in the frequency band Aw

The panel vibration v, can be obtained from the above expression.
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This is then altered by the additional layers. If we limit ourselves
to considering this as an increase in mass and damping we can obtain
the velocity v; which can then be substituted in the equation for
system transmission. The application of the above equation yields

the following ratio of vy and v;.

2 2
Vo WMt

5 2 <31>
Vi o Mg
where m; is the total surface density of the system

1o is the loss factor of the panel

14 is the loss factor of the panel and foam composite.

An approximation for the ratio of loss factors 1;/1, can be obtained
from the data of Plunt (1991) which was given in Fig. 4. Using data
for the loss factor of the 0.8mm steel panel and the panel + foam +
septum the graph in Fig. 9 is obtained. It is seen that the ratio
decreases with increasing frequency, from approximately 10 at 100Hz
to 0.1 at 2kHz. A regression analysis carried out on the data yields

the expression:
1,/1g = 3270.75f ~1-40704 <32>

This empirical equation can be incorporated intoc eqn. <31> to give

the velocity ratio v%/v%.
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Figure 9 Ratio of loss factor for steel panel and composite

The relationship between vy and v, is obtained from the transmissi-

bility of the system as;

3 * .
v% jumy + K /je 2
— = — ] <33>
v K'/30

where K =(Kioon*Kiip) (143 (Mgoamtlaip)), and K is the total modulus
of the foam core and the enclosed air. The air loss factor 1,3, is
small in comparison with that of the foam. The use of this combined
stiffness is justified by the work of Bolton (1984) who observed
that "..the air and frame move together, much as if the foam were a
single homogeneous medium..". The sound and vibration that acts upon
the foam causes vibration of the air within the pores. If no air
flow through the material occurs because the boundaries are impervi-
ous, then there is a pressure increase inside the matrix. Free

movement of this enclosed air would result in adiabatic compression

and a rise in pressure of (pcz/Yd)x, where x is the displacement of
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air into the surrounding medium, Morse (1986). Polyurethane foams
can possess a matrix of open and closed cells. If the matrix pores
are small then the compressed air loses some of it's energy to the
cell struts and the compression/expansion is isothermal. The in-
crease in pressure would be (pcz/ycyd)x. The ratio of specific
heats, vy, = 1.4 . At low frequencies, f£<100 Hz, the behaviour is
predominantly isothermal, whilst at high frequencies, £>1 kHz, the
behaviour is adiabatic. The isothermal value of K, i, is approximate-
ly 1.1x105Pa, whilst the adiabatic value is 1.4x10°Pa. As the fre-

quency range of interest lies between these two extremes K

air was

taken as 1.2x105Pa. For a foam the bulk modulus, K is related

air’
to the Young's modulus by K;oam=E;°am/[3(1—2v)]. In compression the
Poisson's ratio, v, of a polyurethane foam is approximately zero

and in tension approximately 0.25, Hilyard et al (1990), so that

X _*
Kfoam'Efoam/B'

The ratio v%/v% is obtained from the product of equations <31> and
<33>. By taking logarithms of these equations then the ratio becomes
an addition of terms. The intensity is proportional to the squared
velocity, the intensity term is equél to loglov2 plus a constant. So
the intensities radiated by the panel, I, , and the composite, I,

are given by

Io = 20log(vy) + Kq <34a>

I, = 20log(v,y) + K, <34b>

The constants Ky and K, depend upon the radiation efficiency and are

assumed to be equal. Thus the insertion loss is given by
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VIBIL = I - I,

=2010g(v0/v1) + 2010g(v1/v2) <35>

Substituting for the ratios vg/vy; and vi/vy gives the vibration

insertion loss as;

- * 3
Jumy + K /jo
12  dB <36

- 20 m2
VIBIL = 10L0Gqq[%m{/An g4l + 10LOG [ 7
(1]

2.8 Theoretical Predictions

The theoretical response equation given in Eqn. <36> above was
implemented on an IBM compatible personal computer using the Turbo C
programming language. The programme utilised complex number handling
routines and is given in Appendix B. The computer model was used
with the material property values shown in Table 4. The data was
chosen as being representative of.the properties of foams that can
be manufactured commercially. The use of the data within the model

enables the influence of the various parameters to be examined.
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Data |Surface | Thick- | Storage | Loss Flow
No. |Density | ness Modulus | Factor | Resistivity
kgm ™2 mm x10%Pa KNsm™4
1 2.0 20 1.1 0.5 50
2 1.6 20 1.1 0.5 50
3 1.2 20 1.1 0.5 50
4 0.8 20 1.1 0.5 50
5 0.8 10 1.1 0.5 50
6 1.6 20 1.1 0.8 50
7 1.6 20 1.1 0.2 50
8 1.6 20 0.5 0.5 50
9 1.6 20 1.8 0.5 50
10 1.6 20 1.1 0.5 20
11 1.6 20 1.1 0.5 100
12 1.6 20 1.1 0.5 130
13 2.4 30 1.1 0.5 50
14 2.4 30 1.1 0.2 50
15 0.8 10 1.1 0.2 50
16 1.6 20 ! 0.2 0.5 50
17 1.6 20 0.2 0.2 50
18 1.6 20 0.5 0.2 50
19 1.6 20 1.8 0.2 50

Table 4 IMaterial property values of test pieces used in the theo-
retical study
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2.8.1 Material Parameters
(a) Foam Damping

The influence of damping was examined with property values for foams
7, 2, and 6 from Table 4. These have loss factors of 1=0.2, 0.5 and
0.8 respectively, with other properties constant. The insertion loss
predictions are shown in Fig. 10. We see that with increasing loss
factor the insertion loss at the resonance trough increases. The

insertion loss level for the whole frequency range is also slightly

increased.
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Fig. 10 Influence of foam damping upon insertion loss with modulus

and density kept constant

(b) Foam Density

The influence of foam density was examined using property values for

foams 1, 2, 3 and 4 from Table 4. These give a range of density from
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20 to 80 kgm-3, with other material properties remaining constant.
The predicted insertion losses are given below in Fig. 11. We can see
that the predicted influence is that foam density has negligible
effect upon insertion loss. The foam contributes approximately one
sixth of the total composite mass, so any mass related effect will

not be as marked as increasing the septum area density.
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Fig. 11 Influence of foam density upon insertion loss with loss

factor and modulus constant

(¢) Foam Modulus

The influence of foam modulus upon the insertion loss was examined
using the theoretical model with property values for foams 8, 2 and
9 in Table 4. These have moduli of o.5x105, 1.1x10° and 1.8x10° Pa
respectively with other material properties constant. The predicted
IL is shown in Fig. 12. It can be seen that an increase in the foam
modulus increases the frequency of the resonance minima. The in-

crease of fp means that the IL curve is shifted up the frequency
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scale; thus the post-f; level is reduced. There is a small decrease

in the IL at resonance with decreasing modulus.
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Fig. 12 Influence of foam modulus upon insertion loss with loss

factor and density kept constant

2.8.2 System Parameters

(a) Foam Thickness

The influence of foam thickness was examined using property values
for foams 5, 2 and 13 in Table 4. The thicknesses are 10, 20 and
30mm respectively, with other the material properties kept constant.
A septum with area density of 5.9 kgm—2 was used. The predicted
insertion loss is shown in Fig. 12 below. The IL increases with
increasing thickness and frequency. This is because the frequency of

the resonance dip, fp, decreases with increasing thickness shifting
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the IL curve down the frequency scale.
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Fig. 13 Influence of thickness upon insertion loss with material

properties constant

(b) Septum Area Density

The influence of the area density of the septum layer was examined
using the property values for foam 2 from Table 4. Surface densities
of 3.7, 5.9 and 8.7 kgm"2 were used. The prediction is shown in Fig.
14. The predicted resonance frequency decreases with increasing
surface density. The predictions show that the IL of the composite
increases with an increase in surface density. A decrease in IL at

resonance is noticeable with decreasing septum surface density.
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Fig. 14 Influence of septum area density upon insertion loss with

other material properties constant

2.9 Transmission of Airborne Noise

A sound wave propagating through a medium will collide with bound-
aries and walls in its path. The wave energy is redistributed
through reflection, absorption and transmission. The extent depends
upon the properties of the various media, the angle of incidence,
and the frequency of the sound wave. The multilayered system being

considered consists of three non-bonded and distinct layers, as
described in Chapter 1. This section discusses previous work, and
the model that is devéloped to predict the insertion loss perform-

ance of multilayered composites.

2.9.1 Sound Reduction Index and Insertion Loss
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Sound Reduction Index (SRI), also known as Transmission Loss (TL),
quantifies the ability of a material to prevent, or reduce, the
transfer of sound energy. The transmission coefficient is defined as

the ratio of the transmitted intensity to the incident intensity;
T= It/Ii 37>

where, I. is the intensity on the incident side

1

and Iy is the intensity on the transmitted side

The sound reduction index, R, for free field plane waves on both

sides of a panel is defined as
= = - 2
R = 10 LOGyg 1/t = 10 L0G g I3/I4 = 10 LOGyq (p3/Py) <385

where p; and pg are the incident and transmitted sound pressure

levels respectively.

Normally, the intensities are calculated by creating diffuse sound
fields on both sides of the partition. SPLs are then measured and
the intensity is calculated. The diffuse field required for this
calculation is the reason for the reverberant rooms in a transmis-
sion suite. Current instrumentation now allows direct measurement of
sound intensity. This has a number of advantages. It is a vector
quantity, and so background noise is less important. Also, as a
direct measurement of intensity is being made, the receiving field
does not need to be diffuse. A more detailed discussion of the

comparison of conventional TL measurements with the intensity method
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is given by Minten et al (1987) and Halliwell et al (1985). Halli-
well et al (1985) suggest that TL measurements obtained using inten-
sity are more accurate, as the technique makes fewer assumptions.
The measurement of intensity and analysis of measurement errors are

described in Chapter 3.

If the sound fields on either the incident and receiver sides are
not diffuse, it is not possible to measure the transmission loss of
a panel using pressure measurements. It is, however, possible to
measure the intensity on the transmitted side of the material. This

enables the insertion loss of a material to be evaluated.

The SRI of a panel or partition (in this case a steel sheet) is

given from BS2750 as;

Rsteel = Lj — Ly * 10 LOGygq (S/Rn) <39>

where S is area of the sample under test, R is total equiva-

lent absorption in the receiving room, L; is the level in the source

1

room and L; is the level in the receiving room

and for the foam composite as;

Reomposite = i ~ Lp + 10 10Gy5 (S/R) <40>

By rearranging equations <39> and <40>;

=
-
1]

L; + 10 L0G g (8/R) = Rgieel 41>

42>

=
[
il

Li + 10 10Gyq (S/R) ~ Roopposite
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Subtracting equations <41> and <42> to obtain the insertion loss

from equation <27> gives;

Lip = Iy ~ Ly = = ( Rgteel - Reomposite ) 43>

The measurement of insertion loss gives an alternative means of
quantifying the performance of acoustic materials. It is the parame-

ter that is used in the reported work.
2.9.2 Transmission Through a Singlé Panel

The transmission of sound through a single panel has been analysed by
Berger (1911). The panel is assumed to be without flexural rigidity.
The 'mass-law' equation for the TL of this panel is given by;
W o 1C0S6
R = 10L0G; o [1+(——————)?] dB <44>
2,00 CO
where the symbols are as previously defined and © is the angle of

incidence of the sound wave on the panel

When the flexural stiffness is introduced the TL becomes, Ver et al

(1988);
wmslcose w2 B
R = 10L0Gyq {[1+1( )% o sine)1?
2,00 CO (A)O CO
@m ¢ 1Cc0SO w2 B 4 5
+ [(———— cos8)(1- ) sin®@)]14} <45>

where the symbols are as previously defined and % is the loss factor

of the panel.
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The mass law is illustrated in Fig. 15 for a 1lmm steel panel for

normal incidence.
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Fig. 15 Mass law for a 1lmm steel panel

For a free wave propagating in a finite panel, the wave is reflected
from the boundary discontinuities, and an interference pattern with
maxima and minima is set up. If a sound wave incident upon a panel
has the same wavelength as that of the propagated bending waves,
then the phenomenon of coincidence is said to have occurred. The
critical frequency is the upper limit of validity for the mass law.
The effect is well documented, e.g. Cremer et al (1988), Heckl
(1985). At and above this critical frequency, for a particular angle
of incidence, this condition exists at every frequency. Practically
this means that the TL can be substantially reduced as the incident

and bending waves reinforce each other. The critical frequency for a
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panel can be found by setting Cp=cg in Eqn. <1> above to give;

2
c m
0 S
£, = R <46>
2w B

At this critical frequency the wavelengths only match if the wave
hits the panel at grazing incidence. In this case little energy is
given to the panel. The critical frequency is the crossover point
where the panel vibration goes from being mass controlled to being
resonance controlled. For the steel panel used in the test facility
(see Chapter 3), the critical frequency from Egqn. <46)> is
fc=12.4kHz, and the wavelength xc=27.8mm. Thus coincidence occurs

above the frequency range of interest in this study (100-5000Hz).

At and above this frequency the panel is easily excited by the
incident waves, having a detrimental effect on sound insulation.
The critical frequency is designed to be above the frequency of
interest in noise control applications. There is better coupling
between a structure and air above coincidence, Kurtze et al (1959)
i.e. the radiation efficiency is high. A wider frequency range is
obtained, before coincidence has a deleterious effect. The concern
about interior vehicle noise is at lower frequencies below 5kHz, so

we need to ensure that coincidence is shifted above this value.

2.9.3 Transmission Through Multilayered Composites

Multilayered panels offer better transmission loss performance. The
increase of mass explains some of the improvement, but even with the
overall mass kept constant there is an increase in TL beyond that
predicted by the mass léw (Eqn. 44). This is because the layers

introduce impedance mismatching. The majority of previous work has
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been aimed at the aircraft industry for aircraft skin structures,
Wallace et al (1946), Nichols et al (1947). The analysis by Beranek
et al (1949) considers a variety of multiple layer structures. The
approach requires knowledge of the complex impedance of the struc-
ture, which can be determined experimentally. Mangiarotty (1963)
utilised Beranek's analytic technique to optimise the construction
of aircraft fuselage constructions. His main conclusions were that
optimum TL was obtained with structures where the impervious septa
were of approximately equal mass, except at low frequencies where
coincidence effects necessitated different masses to be used. These
early authors considered only normal incidence TL. The analysis for
partition walls by Kurtze et al (1959) stated that the low frequency
double wall resonance that is introduced by a compressible core
reduces the transmission loss of the partition. This may be allevi-
ated by an increase in the core stiffness in the direction normal to
the plate surface. Similar analysis has been done by Watters (1959),
Trochidis et al and Price et al (1959). BRnalyses by Dym et al
(1974,1975,1976) considered the optimal design of sandwich panels.
These consisted of high stiffness skins (4x1010 Pa) and cores (6x107
Pa). Their recommendations were that for construction purposes a
core of high modulus and low density should be used; resulting in a
panel that could be used for building purposes. No attempt was made
to verify the theoretical analysis by experiment. Au et al (1987) in
their application of impedance formulae to duct linings compare
theoretical predictions with those determined experimentally by a
test facility similar to that used in this work. The analysis is
restricted to fibrous blankets. Analysis via an examination of the
system equation of motion has subsequently been done by many au-

thors Cremer et al (1981), Heckl (1981), and Fahy (1985). Hamada et
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al (1985) used the analysis of a four-terminal network to obtain
the general solutions. Their comparison with experimental work are
relatively good. Trochidis et al (1986) presented a theoretical
approach to the double partition with an absorptive cavity. The
system is considered to be coupled, and utilises classical thin
plate theory, the acoustic wave equations and standard boundary
conditions. By producing a series of linear equations they obtain
their solutions. These solutions show good agreement with experimen-
tal work. Recent developments in finite element modelling have been
used for the problem by Lu et al (1979) and Ionnides et al (1979).
Throughout the analysis the decoupling layer used was that of fi-

brous blankets.

The critical frequency for a three layered system will differ from
that of a single panel, because the bending stiffness will be al-
tered. Using the expression for composite bending stiffness the
critical frequency for the composite can be calculated. For a typi-
cal foam used (no. 4) and a septum layer of surface mass 5.9 1«'.gm"2
of modulus 10x10° Pa, we find the bending stiffness, B=1.97 Nm and
the coincidence frequency, £,=52.4 kHz. This shows that the use of a
sandwich type construction can increase the critical frequency by a

factor of four. (This agrees with the analysis of Kurtze et al

(1959)). This is well above the frequency of interest.

2.10 Model Development for Automotive Carpet Composites

The analytical approach to sound transmission through the three
layer system is by the application of the media layer impedances,

obtaining a system equation. The impedances are obtained from the
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relationships between acoustic pressure and normal particle velocity

in the layers. These can be obtained by consideration of Fig. 16.

Transmitted Sound

Incident and Reflected Sound

Fig. 16 The theoretical three layer system

The pressures p;, P, Py and py to p, are represented in the expo-
nential form pn=Aej (ut=knx) — pe velocities are given by
u(x,‘c)+=Pn(><:,’(:)/zn and u(x,t)_=—Pn(x,t)/2n, where the suffix + or -
indicates a positive or negative going wave. The values of the
complex wave numbers, k., are related to the wave frequency and the

speed of sound within the medium by kn=w/cn. The layer impedance

2Py, Cp-

Now, there is continuity of pressure and velocity at the interface
boundaries. Substitution of wvalues in the continuity equations
leads to the formulation of simultaneous equations. These equations

can then be solved and an expression for the ratio of the transmit-
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ted pressure wave amplitude, A¢, to the incident pressure wave
amplitude, A;, obtained. This is given in Eqn. <47>;
1
Ai/At = —;— . exp(jkza) { (1+zl/23)cos[k4(c-b)] exp(jk3(b—a))
—j(z3/z4 + 24/23)sin[k4(c—b)](cosh[ks(b-a)] t 2y/24 sinh[kg(b-a)])}
' 47>

The ratio of the incident to transmitted wave amplitude is related
to the transmission loss of the composite by the expression;

= 2
R = 10L0Gyq (R;/A¢) 48>

composite
The medium on either side of the system is air so 21=25=415 rayls at
20°C. The impedance of the two mass layers, zy and 2z, is given by Au

et al (1987) as ;

z = zp + j(wm—Dkﬁ/m) 49>

where zqp is the terminating impedance, and D is the flexural or
bending stiffness of the layer. The value of zp for layer 2 is 2g,
the impedance of the polyurethane foam, and for layer 4 zp 1s the

characteristic impedance of air i.e. zg-

The model used for this analysis is developed from that proposed by
Beranek (1949) and is a simplification of the above expression for
transmission loss. It employs a normal incidence technique for
calculating the TL of multilayered systems. The decoupling layer
used was a flexible fibrous blanket. Equations are provided for five
general examples of structures. This method requires knowledge of

the complex impedance and complex propagation constant of the core
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material. These can be obtained for polyurethane foams from standing
wave tube measurements, from design curves Beranek (1947), or from
empirical relationships, Mechel (1976), Dunn et al (1986). The
impervious layers are assumed to be without stiffness (as with the
simple mass law equation). The porosity of the material, Y, is
assumed to be such that ¥>0.95. The ratio of the volume coefficients
of elasticity of the enclosed air sir and of the material structure
(i.e the framework), Q, is assumed to satisfy the inequality Kiip/9
>20. The fibrous blanket whilst being in contact with the base or
septum layer offers minimal coupling of the system, with the attenu-
ation being provided by the fluid flow within the core material. The
inequality is not satisfied by the experimental materials, which
typically give a value of Kij07Q = 1.2. However, Bolton (1984)
reported that for flexible foams that the air and frame motion are

comparable so the inequality does not apply for the model developed

here.

The analysis by Beranek (1949) gives a set of general equations,
which when applied to the two layer system i.e. the steel panel and

foam layer reduce to;

S Jecosh I'dy + [ + s

21 2 23

R = 10 LOGyq [1 + ]sinh Td; <505

When the analysis is applied to the three layer system used for

under carpet vehicle noise control the general equations reduce to;

R =10 LOGlO { xlcosh Fdl + xzsinh Pdl 1 <51>
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where Xy = j(w mgy/pc + 0 M gy /pC) <52>
23 w%“sf“sz Jum o4

and Xy = - + <53>
pc 23 pC 24

where Mgq and mgy are the surface densities (area densities) of the

foam and septum respectively in kgm_z.

2.10.1 Propagation constant and characteristic impedance of polyu-

rethane foam

The propagation constant of a wave through a porous material is

given by Bies (1988);

T = jo ¥(¥p'/K*) A <54>

and the characteristic impedance given by ;

zg = {(0'K"/Y) <555

The complex density, p' combines the density of porous structure and
the enclosed air. It must include the effects due to viscous and
inertial motion, which cause it to be complex. It's representation
is;
IRy
P = (o) (1 ~ —— ) <56
Ptot @

where pio¢ = pg+ pg the sum of the foam and air densities.

Between the limits of isothermal and adiabatic behaviour, described

in Section 2.7, the thermal capacity of the PUR material due to the
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compression/rarefaction of the gas requires a value of Ry to be
used. This takes into account this combination of isothermal and

adiabatic compression/rarefaction of enclosed air, where Ry = 1.2R,.

As previously for structure-borne excitation the bulk compression
modulus K is also represented as the combination of the foam
modulus and the contained air modulus, i.e. K€0t=
(Kfoam+K$ir)(l+jntot) where nto€=qfoaﬂ4‘air The foam modulus is
related to Young's modulus by Kgoam=E*/[3(1—2v)]. The loss factor of
air, Ngirs is small in comparison with the foam loss factor so is
ignored in the subsequent analysis. In compression the Poisson's
ratio, v, of a Polyurethane foam is approximately zero and in

tension approximately 0.25, Hilyard et al (1990), so that

* *
Keoam™Efoam/3-

The expression for transmission losé above can be split into the
real and imaginary parts. This is aided by the simplification of
cosh I'dy = 1 and sinh I'dy = 0. This is valid for f<c/6d1. Thus for a
thickness of 10mm the simplification is valid for £<5716 Hz and for

a 30mm foam it is wvalid for £<1906 Hz.

0? mgy dy 03mgymyydy My
REAL [R] =1 - 2 + 5 <57>
Kot (1H1¢0t) PCK g ot (11 £5p

2 3

o(MgyMgy) @ Mgy dy Neor @ M gym god 4 M 4o

IMAGINARY [R] = + - - <58
pC Kiot(1HEor) PCK 't o141 3

For the computer modelling the expression in Egn. <51>, was imple-
mented along with the expression for the mass law of the steel panel

in Egn. <44>. As previously mentioned the mass law for the steel
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panel is valid for the required frequency range, as the predicted

critical frequency of a 1lmm steel panel is 12.4kHz.

2.10.2 System Resonance Frequency

When a triple layered system is used, with the two outer layers
separated by a compressible material, resonances are introduced into
the system. The principle one is that arising from the mass-spring-
mass system nature. This resonance frequency, fg, can be obtained by
setting the imaginary part of the transmission loss in Egn. <58> to

zero, to give;

<59>

1 Kigt 1 1
fg = — [ (——)( + )11/2
2n d msl msz

This equation is important for under carpet vehicle noise composites
as it identifies the parameters that affect the resonance frequency
of the system. At the resonance the insertion loss goes through a
minimum. The position of the resonance frequency is therefore impor-
tant. The choice of the resonance frequency in vehicle composite

design is discussed further in Chapter 6.

2.11 Airborne Noise Theoretical Predictions

The theoretical response equation <51> in the previous section was
implemented on a IBM compatible personal computer using the Turbo C
programming language. The programme utilised double precision com-
plex number handling routines and is given in Appendix B. The com-
puter model was used with the theoretical property values for foams

in Table 4. The data enables the influence of the various parameters
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to be examined whilst other parameters remain constant.

2.11.1 Material Parameters

(a) Foam Damping

The .influence of damping was examined using property values for
foams 2, 6, and 7 from Table 4. These gave loss factors of 0.2, 0.5
and 0.8 respectively with other material properties kept constant.
The predictions are shown below in Fig. 17. It is seen that with
increasing damping the depth of the resonance trough is reduced.
This effect is also observed at the second resonance. At high damp-
ing values the second resonance disappears. The IL between the two
resonances decreases slightly with increasing damping. This consti-
tutes a 1dB difference between 71=0.8 and 1=0.5, and slightly less

between 1=0.5 and 19=0.2.
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Fig. 17 Influence of loss factor (71=0.2, 0.5, 0.8) with other foam
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properties constant

(b) Foam Density

We know from the mass law in Chapter 2 that a doubling in surface
density of a panel increases the TL by 6 dB. The foam contributes
approximately one sixth of the total composite mass. The effect of
the foam will, therefore, not be as great as that of increasing the
septum mass, as far as increasing system mass is concerned. Using
foam property values for foams 1, 2, 3 and 4 from Table 4. This
gives a density range from 20 to 100 kgm—3 with other material

properties constant.

We can see from the prediction in Fig. 18 that increasing the foam
density increases the IL at low frequencies slightly (~3dB from
20kgm—3 to 80kgm'3). But, at the higher frequencies (£>630 Hz) the
lower density foams out perform the higher densities. Any shift in

resonance frequency is unnoticeable.
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Fig. 18 Influence of foam density with other material properties

kept constant
(c) Foam Modulus

The foam modulus, along with thickness, is influential in the
design of the resonant frequency. By controlling the resonance the
insertion loss can be increased in the frequency range required. The
influence of the modulus of the foam layer was examined for foams
with loss factors éf 1=0.2 and 0.5. Foams 17, 18, 7 and 19 for
1=0.2, and 16, 8, 2 and 9 for 1=0.5 from Table 4 were used. The

predicted results are shown in Figs. 19 and 20.

The theoretical predictions show three phenomena. Firstly, an in-
crease in foam modulus causes an increase in resonance frequency.
This was expected from examination of the equation for resonant

frequency (Equation <59>). Secondly, with decreasing modulus, the IL

56



~ level is increased (due to the decreasing resonance frequency shift-
ing the IL curve down the frequency scale). This increases the post-
fr IL level, but decreases it below resonance. Thirdly, the IL at
the resonance is predicted to be increased with increasing £foam

modulus.
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Fig: 19 Effect of foam modulus (7=0.2) with other material proper-

ties constant
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Fig. 20 Effect of foam modulus (%=0.5) with other material proper-

ties constant

(d) Foam Flow Resistance

We saw in Section 2.10 that the flow resistance affects the complex
density of the PUR foam. This in turn also affects the propagation
constant of sound in the foam. Using material data 2, 10 and 12 the
influence of flow resistance was investigated with the computer
model. The property values in Table 4 give a range of flow resistiv-
ity from 20000 to 130000 Rayls, with other material parameters kept
constant. The predictions in Fig. 21, show that a low flow resis-

tivity improves the IL.
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Fig. 21 Effect of flow resistivity with other material properties

constant

2.11.1 System Parameters

(a) Influence of Foam Thickness

The theoretical analysis stated that the increase of thickness would
result in a decrease in the first resonance dip. The property values
for foams 5, 2 and 13 and 14, 15 and 7 from Table 4 were used to
examine the influence of thickness for two different values of loss
factor. Other material properties were kept constant as previously.
A septum mass of 5.9kgm—2 was used. The predicted IL is shown in
Fig. 22 for a loss factor of 0.5 and in Fig. 23 for a loss factor of
0.2. As expected, the resonance frequency decreases with increasing

thickness, and the post-fp IL increases. Below the resonance fre-
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quency it is possible to achieve better IL performance from a thinner
foam. The IL for the higher damped (1=0.5) foam, between the first
and second resonances, is improved by up to 7.5dB for a doubling of
thickness , 11.2dB for tripling and up to 4.5 dB for an increase in
thickness of 50%. If the loss factor is reduced (%=0.2) we see fhat
the extent of the resonance dips increases. This gives us improved
IL over the higher damped case. An IL of up to 11.3dB for doubling
of thickness, 15.7dB for tripling, and up to 7dB improvement on a
50% increase in thickness. In both cases there is also a slight

increase in IL at the resonance frequency with increased thickness.
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Fig. 22 Influence of foam thickness (%=0.5) with other material

properties constant
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(b) Septum Area Density

The equations developed for the theoretical analysis showed that
increasing the area density of the septum (heavy) layer should
result in a reduction of the resonance frequency and an increase in
the level of the IL curve. Using the property values for foam 2,
with septa of 1.5, 3.7, 5.9, 8.7 and 12 kgm 2, the prediction is
shown in Fig. 24. The predictions demonstrate that the increase in
surface mass results in a decrease in the resonance frequency; the
post-fp IL of the composite  increasing with increasing surface

~ mass.
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2.12 Conclusions of Chapter 2

This chapter has described the response of multilayered panels when

subjected to structure-borne or airborne noise excitation .

An analysis of panel vibration was introduced. It was shown that
when the panel used in this study was excited many modes were
predicted to be exhibited. It was shown that the noise radiated from
a vibrating panel is proportional to its velocity. Reduction in the
vibration level thus should reduce radiated noise. This can be
achieved by applying damping layers. The theory of Oberst (1954) was
cited for the prediction of the damping of constrained and free

damping layers. Published data showed that the panel loss factor
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decreased with increasing frequency from 0.002 to 0.0015 for a steel
panel. The work of Plunt (1991) showed that for a typical vehicle
carpet system loss factors from 1.0 at 100Hz to 0.01 at 2kHz were
achievable in practice. The theory of Cremer (1988) for point
excitation of panels gave an upper limit of loss factor, above which
additional damping would have 1little effect on reducing radiated
noise. This has implications on the type of foam that is to be used
for noise control purposes i.e. viscoelastic (VE) foams potentially
offering similar performance to that of higher damped high hystere-
sis foams (HHF). These latter types of foams are more complex and

expensive to process.

The equations for point excitation of panels were combined with
simple transmissibility theory to derive an equation to predict the
insertion loss of the vehicle composite systems. Material test data
with values typical of those that can be manufactured was used in
the model to predict system insertion loss (IL). (The IL of the
composites is shown in Chapter 3 to be more easily obtained experi-
mentally than the transmission loss). The dependence of system IL
performance upon a single parameter was investigated, whilst other
properties were kept constant. The predicted response was one of
decreasing IL until a resonance dip was reached. Above this reso-

nance frequency the IL increased.

The predicted effect of increasing foam damping was to increase the
IL. This was more pronounced in the resonance dip. Varying foam
density had little effect upon IL. The predictions showed that
increasing foam modulus increased the resonance frequency and

slightly improved the insertion loss at resonance. However, a higher
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resonance frequency shifts the response curve up the frequency range
thus resulting in a lower IL level above resonance. Increasing foam
thickness increased the IL and reduced the resonance frequency. The
IL at resonance was also increased as the thickness increased. The
septum area density had a similar effect to foam thickness except

that the IL at resonance was slightly reduced.

The concepts and principles of transmission of airborne noise
through panels was introduced. The relationship between transmission
loss (TL) and IL was derived. The critical frequency of a typical
foam composite system was shown to be 54kHz, compared with 12kHz for
a 1lmm steel panel. Thus this effect is exhibited well above the
frequency range of interest in this study. This justified the wuse
of the mass law for the steel panel in subsequent model development.
Using the transmission 1line theory of Beranek (1949) and other
workers a model was developed to predict the TL of multilayered
under-carpet systems. This was related to the IL of the composite
using the previously derived equations and the mass-law equation for
a steel panel. BAn expression for the system resonance frequency
(Equation <59>) showed that the resonance was dependent upon foam
stiffness, foam thickness and the surface densities of the steel

panel and septum.

The model predictions showed a characteristic shape. The IL de-
creased until a resonance dip was reached. Above this resonance
frequency the IL increased. At higher frequencies (f>1.5kHz) second-
ary resonance dips were predicted. As with the structure-borne noise
model above the materials test data was used to investigate the

dependence of system IL performance upon material and system parame-
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ters.

The predicted effect of increasing foam damping was to reduce the IL
of the resonance dips. Increasing foam density had 1little effect
upon IL. The resonance frequency increased with increasing foam
modulus as predicted by the resonance frequency equation. An in-
crease in the resonance frequency also shifts the response curve up
the frequency scale, thus reducing the overall IL level above reso-
nance. Foam flow resistance was predicted to have little effect
upon IL. As expected from resonance frequency equation increasing
the foam thickness reduced the resonance frequency. This shifted the
IL response curve down the frequency scale, thus increasing the
overall IL level. A slight increase in IL at resonance was predict-
ed. Increasing foam surface density reduced the resonance frequency,
shifting the response curve down the frequency scale, and increasing

the overall IL level. The IL at resonance was also increased.

Both theoretical models demonstrated the influence of material and
system parameters on insertion loss of multilayered composites. The
theoretical models are used to predict composite performance in
Chapter 5 and compared with experimental data. The theoretical
predictions indicate that by varying the position of the resonance
trough and material and system parameters allow the IL level to be

altered.
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3. EXPERIMENTAL PROCEDURES
3.1 Introduction

Procedures for the evaluation of the noise reduction composites can
be divided into two categories (a) in-car tests, on the road and in
the laboratory (e.g. Gahlau, 1987) and (b) large and small scale
laboratory tests. The collaborating company has arranged the in-car
field trial evaluation, whilst this project concentrates on the
large and small scale laboratory tests. The techniques used (a)
compare the functional performance of the composites and (b)
create a routine testing procedure that can be used in industrial
laboratories for the characterisation of the insertion loss of

vehicle carpet systems.

Although large scale test facilities, such as the standard acoustic
transmission suite (ISO 140, BS 2750), and its variants, were not
used in this project brief comments on the techniques and their
applicability to the investigation are given as they are used by
some automotive manufacturers +to evaluate their noise reduction

systems.

The laboratory work concentrated on small scale test procedures for
material characterisation and comparison of system performance.
Since the experimental data are used for two purposes (a) to convey
information to industrial/commercial organisations and’(b) to pro-
vide scientific data for the evaluation of theoretical models, the
procedures used combine Standard Tests (ISO/BS/ASTM), industrially

accepted procedures (such as the BMW test for the evaluation of
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dynamic stiffness and damping of automotive under carpet foams), and
more fundamental techniques e.g. dynamic mechanical spectroscopy,
which measures the dynamic stiffness and damping of foams over a

range of frequencies.

The development of the test facility is described, and the use of
intensity measurements to obtain insertion loss data is detailed. A
description of the measurement of intensity is included, as well as

an evaluation of the errors due to the technique.

3.2 In-Vehicle Testing

Field trials for evaluation of vehicle noise is carried out by
manufacturers. This is both subjective and objective. However, due
to the commercial sensitivity of this information, little is ever
published in the open literature. Independent in-vehicle laboratory
testing is carried out by several organisations e.g. Stankiewicz in

Germany, and Teroson in the UK.

There are a number of techniques for measuring interior noise. (a) A
microphone placed at the position of the driver or passenger head.
The SPL is measured and a frequency spectrum of the noise made
either from a recording of the noise, or in situ with a spectrum
analyser. (b) An intensity probe, coupled with a spectrum analyser,
is used to identify the noise sources and sinks within the vehicle
compartment. The measurement of intensity allows the direction and
magnitude of the noise to be identified. Based on this knowledge,
targeted treatment can be used to control the noise sources. (c) A

slightly different technique is to obtain a transfer function be-
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tween two points on the vehicle. This can form the basis of a modal
analysis. The tfim, including carpets are removed from a vehicle to
reduce attenuation. A calibrated hammer is used to provide a known
force at a specific position, e.g. an engine mount, and the pressure
response measured at driver head position using a microphone. A
transfer function can then be calculated, and used to assess possi-

ble vibration problems.

A description of some laboratory tests was published by Gahlau
(1987). He described the evaluation of four commercial cars with
and without a variety of sound insulation packages. The cars were
dissected with the front half being enclosed in a semi-anechoic
chamber. The rear of this section being within a reverberant com-
partment. Treatments were applied to the vehicle floor-pan and
bulkhead; and their comparative performance measured. The work is
the first to present data for these systems. Whilst the methods used
are of interest, the data presented is of little use for the theo-
retical predictions presented here; this is due to the limited
information given regarding system and material parameters. (The
method is also not easily repeatable due to the nature of the exper-

iment).

The assessment of interior noise quality and annoyance is the final
criteria for judging how good a vehicle noise control package is.

The various techniques used are discussed in Chapter 6.

3.3 Large Scale Laborétory Tests - Transmission Loss Suite

This is the standard method for evaluating the random incidence
transmission loss of materials and panels. It is detailed in ISO 140
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and BS 2750. The facility is illustrated in Fig. 25. It consistsbof
two isolated reverberant rooms, separated by the panel under test.
The source room contains the noise source: normally broadband random
noise. The sample is bonded onto a steel base panel and mounted
vertically. A number of microphone positions are used to measure the

SPLs in the two rooms, and the TL is then calculated from Egn. <39>.

Fig. 25 Transmission loss suite

This equation takes into account the sample size and the absorp-

tion present within the receiving chamber.

R=1; - Ly + 10LOG10 S/A <39

The diffuse sound fields on either side are not representative of
the conditions inside a vehicle. The international standard aims to
increase the reproducibility of the measurements, but it is found
that results from different laboratories, for the same samples, show
variations of up to 6 dB (Whatmore et al, 1973). This would thus
appear to indicate that more economical TL facilities could be used,
with measurement variability comparable to major test facilities.
Discrepancies often arise if the samples are not sealed effectively.
The available facilities are almost always for vertically bonded

samples, whilst the trend in the automotive industry is towards
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unbonded carpet systems. Horizontal or 45° configuration transmis-
sion suites are available at some companies which allow unbonded
systems to be used, but these are comparatively rare.

3.4 Small Scale Laboratory Tests

The need for a small scale laboratory tést facility, which satisfied
the requirements of economical, but effective, evaluation of materi-
al attenuation properties has been an attractive proposition for
many years. R number of small scale test facilities have been em-
ployed. The earliest appears to be that described by Wallace et al
(1946), and Nichols et al (1947). This measured TL for small section
(18" x 18") aircraft panels, and was later modified by Beranek et al
(1949). It provided a measure of transmission loss for the materials
under test. The test facility offered by GM is based upon this using
an array of loudspeakers. More recently Bridgestone (Japan) and
Papanikolaou et al (1985) have used a small facility for their
transmission measurements. These involved a small test chamber
placed within a reverberant chamber. These thus fail to meet the
criteria of an economic facility. The two main facilities used are

those of GIM and Interkeller (Apamat II). These are detailed below.
(a) Apamat II

The Apamat facility is produced by Interkeller of Zurich. It is used
to evaluate the insertion loss performance of materials, under both
structure and airborne excitation. It is illustrated in Fig. 26. The
structure-borne excitation is provided via the impact of 8mm steel
balls against the steel base panel. The airborne noise is from

broadband random noise. A measurement of SPL is made with and with-
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out the sample in place, and the SPL insertion loss is evaluated
from the difference. The manufacturer recommenﬂs that the steel
panel is replaced every four tests - a practice that is rarely
observed. The quoted freQuency range is 100-100000 Hz, though they

state that the equipment should not be used below 400 Hz.

I N
i h
Hicrophone Receiving Chaxber
t St_eel panel + s.ample
Excitation Chanber

Fig. 26 RApamat test facility

(b) The GN Facility

This test facility measures the SPL insertion loss. It is based upon
that described by Beranek et al (1949), and is illustrated in Fig.
27. The facility consists of two compartments. The walls are made of
steel sections filled with sand. The source loudspeakers are mounted
in a 3xX3 array close to the test panel. The aim of this is to pro-
vide a uniform plane incident wave on the test panel. The close

proximity also reduces lateral standing waves. The receiving chamber
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is terminated by anechoic foam wedges to reduce reflections and
standing waves. This compartment is removable via a supporting cable
to allow for application of sample. A single microphone position is
used to measure the SPLs. The recommended measurement procedure is
extensive concerning the sample preparation and environmental condi-

tions.

Supporting Line

nicrophone ﬁ; Receiving Chamnber
18BBm o
, Steel Panel + Sample
688nm Loudspeaker frray Source Chanber

Fig. 27 The GM noise transmission method
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3.5 Development of a Small Scale Laboratory Test Facility

A small scale test facility was required to investigate the beha-
viour of foam cored composite systems, when subjected to airborne and
structure-borne noise sources. It was anticipated that experimental
measurements would be compared with in-car tests and theoretical
results. The requirement of a low-cost in-house test facility also
needed to be considered. The facilities described previously were
considered unsuitable so a test rig was constructed which would
satisfy the above criteria. The initial prototype rig is described
briefly below, followed by a description of the final test facility
used for this study. A square panel was chosen for the experimental
work (i) to conform with the majority of industry test methods (ii)
because it was easily incorporated into the test rig, and (iii) it
conformed with the shape and size of the experimental foam samples

that could be manufactured by the collaborating company.

3.5.1 The Prototype Test Facility

The prototype test facility was similar to the type used by the

Bridgestone Corporation and is illustrated in Figure 28 below. The

design was chosen for its low cost and portability.
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Fig. 28 Prototype Test Facility

It was constructed from single skinned 1/2" chipboard, with dimen-
sions 850mmx578mmx578mm. The aperture in the top surface was
300mmx300mm, covered with a 0.8mm mild steel panel. This horizontal
mounting enabled unbonded foam samples to be used. The panel was
clamped in place using a one-piece chipboard frame, secured with
nuts and bolts along its edges. Inside, the walls were lined with
polyurethane foam to reduce lateral reflections. The loudspeaker, a
S0W 8Q Peerless base unit, was driven by a B&K sine/random generator
(type 1024). A 1/2" microphone inside the box monitored the source
level, via a B&K single channel narrow band real time analyser (RTA
type 2033). The monitored level enabled the source level to be
maintained at a constant level. The radiated level was measured
using a 1/2" microphone, also connected to a B&K 2033 RTA. The SPL
radiated from the top surface was measured with and without the foam
in place. The difference of these levels giving an insertion loss

value.
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The prototype test facility did not give very satisfactory results

for a number of reasons, principally;

(1) The measuring microphone outside the box was subjected to pres-
sure variations dependent upon microphone to source distance. Dif-
ferences of 10 dB over 0.4m were observed for a particular frequen-
cy. These variations are in the near field region of the source as
described by Ver et al (1988).

(2) Radiation of noise from the sidewalls and panel surround was not
negligible. This contribution thus influenced the measurement

values.

It was considered that placing the test facility in an anechoic room
or a reverberant chamber (as reported by Papanikolaou et al 1985)
might enable measurements to be made. Whereas this would have over-
come some of the above problems, it would result in costly facili-
ties being used and not necessarily solve the problem of noise
radiated through the sidewalls and panel surround. In addition the
facility would no longer be small scale and inexpensive as origi-
nally required. To overcome these problems, a larger free-standing

test facility was proposed. This is detailed below.

3.5.2 The Test Facility

The shortcomings of the original prototype test facility were de-
scribed above. The new test rig was designed to overcome these

problems in conjunction with a different measurement technique

utilising intensity measurements. The test facility construction is
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described in this section whilst the intensity technique is de-

scribed later ih this chapter.

In addition to making the test rig more massive than its predecessor
(to reduce unwanted transmission through the walls) a larger aper-
ture was also incorporated. This was to enable larger foam samples
to be tested more typical of the surface areas used within a vehi-
cle. This larger foam area also reduces the influence of localised
moulding variations (see for instance Rodwell et al 1989). The test
rig is illustrated in Fig. 29, and in Plates 1 and 2. It has ap-
proximate external dimensions of 1m3. The walls were made from
sand/lime brick and mortar construction, upon a reinforced concrete
base. The base rests upon four TICO anti-vibration mounts. The top
was also of reinforced concrete, with an aperture of 870x870mm cut
out. At a distance of 300mm above the base a 2.5¢m thick chipboard
baffle was inserted, with a small array of loudspeakers. These
consisted of a 100W woofer (Celestion, type G12H-100T3597 CE 8Q)
with a frequency response from 50 Hz to 3.5 kHz, and two piezo
tweeters with a frequency response from 2.2 kHz to 33 kHz. A 1lmm
steel sheet was placed over the aperture, and secured with a 4mm
angle iron framework and toggle clamps. These enable quick access to
be made to the source chamber. The edges of the steel panel had a
thin self-adhesive foam layer attached to ensure good sealing from
acoustic leakage when clamped. The 1mm thick mild steel panel was
used as being representative of that used in vehicle panels. Access
holes were built in the sides to allow cabling to be routed. These

could be sealed to prevent leakage during measurements.
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Fig. 29 Test facility

The steel panel was divided into a matrix to aid the vibration and
intensity measurements to be made. The grid points were marked with
a separation of 0.1m, giving a total of 81 points in a 9x9 configu-

ration. The grid is shown below in Fig. 30.
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Fig. 30 Measurement positions on steel panel

Broadband excitation was provided via a B&K 1024 Sine/Random genera-
tor, shaped by a Sony graphic equaliéer, and amplified by a Sony
power amplifier (type.TA—1130). For structure-borne noise the broad-
band noise was fed to a Ling Dynamic Systems (LDS) power amplifier
(type TPO300) and electromagnetic shaker. The shaker was loosely
connected to the panel by a steel shaft and a rubber coupling. This
was at position No.11, a distance (0.15,0.15m) from the side of the
panel. This point was chosen in order that a fundamental panel mode
was not excited. The radiated intensity was measured using a Norson-

ic AS real time analyser (type 830) with intensity probe (type 216).
The test-rig was located in a laboratory which has a rever-
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beration time of approximately half a second. The sound field on
either side of the test panel is not diffuse, so transmission loss
measurements are not possible. Within the source chamber the brick
and concrete walls provide reflective surfaces, and thus standing

waves are set up laterally and longitudinally.

Because a measure of the carpet system acoustic performance was
required, and ordinary sound pressure measurements were not suitable
due to the large variation in SPL over small distances, another
procedure needed to be adopted. It was mentioned in Chapter 2 that
intensity measurements can be used in transmission loss measurements
on the receiving side to obtain the sound intensity radiated through
a panel. The receiving rcom does not then need to be reverberant.
This corresponds with the acoustic field within the laboratory. The
natural extension of this method was thus to measure the intensity
on the receiving side with and without the carpet system. The dif-
ference between the intensity values being the insertion loss of the
PUR carpet system. This can then be related to the transmission loss

of the material if required as described in Eqn. 43 in Chapter 2.

3.6 Intensity Measurements

Intensity is the rate of acoustic energy flowing through a unit
area, normal to the direction of propagation. It is a vector quanti-
ty, possessing both magnitude and direction. It is defined as
T=1/T. [Sp.adt (Wm™2) <60>

where p is the instantaneous pressure, U is the instantaneous parti-
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cle velocity, s is the surface area, and T is the averaging time.

For a comprehehsive description of the theory and practice of acous-
tic intensity the text by Fahy (1989) is recommended. There are two
methods of measuring sound intensity. Both methods measure intensity
in one direction e.g. x-direction only. (1) The indirect method.
This uses two closely spaced pressure microphones (hence the termi-
nology of p-p probe). The particle velocity is obtained from a
finite approximation using the two pressure signals, whilst the
sound pressure at the coincident point is calculated from the two
pressure signals. The intensity is then the product of the two
values. The frequency response of the probe is restricted by the
separation of the two microphones. This is due to the finite differ-
ence approximation. Hence for a complete frequency range two differ-
ent microphone separations may need to be used. The B&K analyser
(type 4433) and probe (type 3520) is typical of equipment that uses
this method. (2) The direct method. As its name suggests this method
obtains the sound intensity via direct measurement of the particle
velocity and sound pressure (hence the terminology of p-u probe).
The particle velocity is measured using a pair of ultrasonic trans-
ceivers. A scund wave impinging on the ultrasound beam causes a
phase change in the received signal which is proportional to the
particle velocity. The pressure signal is obtained from a pressure
microphone close to the geometric centre of the ultrasonic beam. The

intensity is the product of these two signals given in Eqn. 61.

I = LPU cos(éf + ¢s) <6l>

where ¢, is the equipment phase mismatch between the two RTA chan-

nels, and ¢f 1s the field phase angle between the particle velocity
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and the pressure. Small p-u phase angles correspond to high intensi-

ties and large phase angles to small intensities.

Because of the finite path length (typically 28mm) of the ultrasonic
beam and the pressure measurement being slightly offset from the
point at which particle velocity is measured the intensity value
will be slightly inaccurate compared with the p-p method. However,
as described later, this is small for the frequency range of inter-
est. A windshield is used over the probe to shield the ultrasound
beam from hydrodynamic fields and to suppress stray ultrasonic wave
reflections in the vicinity. Hydrodynamic effects occur in the
acoustic near field where pressure and particle velocity are in
quadrature (Cremer et al 1988). The Norsonic AS analyser (type 830)
and p-u probe (type 216) is typical of equipment that uses this

method. It is this equipment that is used in this study.

3.6.1 Errors in p-u Acoustic Intensity Measurements

(1) Analyser and Probe Phase Mismatch

The normalised random error €(I) in the intensity I due to phase

mismatch is given by Fahy (1989) as;

Eé(I) = ¢stan ¢f <62>

From this and the previous equation the importance of phase mismatch
can be seen. The term residual intensity is used to quantify the

apparent flow of acoustic energy due to phase mismatch in p-p and p-

u probes. It is measured by subjecting the two transducers to iden-
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tical signals. The difference between the measured pressure level and
the detected residual intensity is the residual pressure-intensity
index, aplo. For a p-u probe this is related to the phase angle

error by;

6pIO = 10109[sec(¢s)] dB ‘ 63>

The p-u probe transducers are calibrated at the manufacturers facto-
ry to compensate for differences in phase responses of the transduc-
ers. According to the manufacturers the 830 analyser and probe have
a value of 6p10>30dB for £<10kHz. This corresponds to a phase angle

$5<0.1° for 10Hz<f<5kHz.

(2) Finite Ultrasound Beam Length

The frequency range of operation due to finite ultrasound path
length has been shown by Fahy (1989) to be limited to kd<l.2 for an
error of 0.5dB, where k is the wavenumber (k=2nf/c) and d is the
transceiver separation. For the Norsonic 216 probe, with a separa-
tion of 28mm, the maximum frequency is 2339 Hz. For an error of 1.5

dB a maximum frequency of 4 kHz is usable.

(3) Temperature Variation

The sensitivity of the velocity sensors in the p-u probe is directly
proportional to temperature. A change in the mean absolute tempera-
ture TO of 6TO results in a change in sensitivity of (1-26TO/TO).
Thus for a change in temperature of 1° in 20° C the resultant change

in sensitivity is a factor of 0.9.

82



(4) Averaging Time

The normalised random error due to measurement averaging time is

given by Fahy (1989) as;
€(1) = (6£T,) 7% <64>

where &8f is the bandwidth and T,y is the averaging time. Fahy (1989)
does however mention that it is difficult to estimate averaging

errors.
3.6.2 Field Indicators

There are a number of field indicators which gauge the validity of a
measurement. These are well documented in the literature (e.g. Fahy
1989, ISO 9614 1990 and Jacobsen 1990). The most widely used one is
the pressure-intensity (p-I index) or reactivity index (Ly) where

the local index 5pI is given by;

The global pressure-intensity ind<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>